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Chapter 1. Introduction



1.1. Liquid rocket propulsion

A liquid rocket is one of the most advanced space transportation systems and essential technologies
for modern society. Rocket systems composed of liquid rocket technologies have provided access to
space for numerous satellites which help information-based society by their communication
capabilities, various spacecrafts aiming to explore deep-space beyond the Moon, and human
explorations. History of liquid rocket technologies has started since V-2 development leaded by Von
Braun. Since then, Unites States and Russia have leaded rocket development through manned
exploration activities to the Moon, the construction of the International Space Station, transportations
of commercial satellites to the low Earth orbit, and so on. Representative launch vehicles of these
histories are Saturn V, Soyuz, and Space Shuttle shown in Fig. 1. They were mainly powered by liquid
rocket propulsion systems to meet the demand of their much efficient propulsion capabilities.

Liquid propulsion systems essentially need turbopump systems to pressurize propellant stored in
tanks and feed it to the main combustion chamber that generates thrust power [1, 2]. High-thrust liquid
rocket engines are designed to improve their thrust-weight ratio (T/W) by increasing the system
pressure. Since turbopumps can efficiently increase the engine system pressure, turbopump design
capability is one of the most essential technologies. Turbopumps which can perform fluid suction and
pressurizing also reduce the pressure of the propellant tank storage, which decreases the tank weight
by reducing the wall thickness. Therefore, turbopumps play very important roles not only in improving
the T/W of liquid rocket engines but also in increasing the structural efficiency of the entire rocket

system.



Fig. 1 Representative launch vehicles (Saturn V, Soyuz, and Space Shuttle) ONASA.

1.2. Ball bearing for rocket engine turbopump

As examples of rocket turbopumps, schematics of a liquid oxygen (LOX) turbopump and a liquid
hydrogen (LH>) turbopump are shown in Fig. 2 and Fig. 3, respectively. A typical rocket turbopump
is composed of many rotational components such as an axial inducer which suction propellant, radial
impellers which boost propellant pressure, axial turbines which drive the main shaft and so on.
Bearings support the main shaft which connect all the rotational components. There is wide pressure
distribution inside a turbopump by the rotating fluid devices, which results in axial and radial load on
the shaft. Typically, balance piston systems can balance or reduce the axial load [3]. On the other hand,
radial load cannot be balanced by using fluid devices such as the balance piston. Therefore, the
bearings are required to support such forces generated by pressure distribution inside the turbopump
while rotating. Bearing failures such as bearing seizure can cause the turbopump to shut down and
have significant impacts not only on the rocket engine but also on the entire rocket system. Therefore,
the turbopump bearing is one of the most important elements in the entire propulsion system.

Since, as explained above, technologies related to the turbopump bearings have been considered as

key technologies of rocket engines, each country’s space agency has confidentially conducted its own



research and development for a long time. Therefore, available information to the public has been
limited. European Space Agency (ESA) has developed its own bearing technologies through rocket
engine developments such as Vulcain engine and HM7 engine [4]. Dry lubrication film which is
composed of a nickel and silver electrolytic layer with molybdenum disulfide powder had been
developed to improve LH; bearings performance for such engines. National Aeronautics and Space
Administration (NASA) has conducted advanced bearing studies for satisfying challenging demand
by Space Shuttle Main Engine (SSME) which was the only large reusable, liquid rocket engine before
2011 [5]. For developing the High Pressure Oxidizer Turbopump (HPOTP), ball material of its bearing
was changed from stainless steel to Si3N4 to reduce the bearing elements’ wear and improve its life [6-
8]. In addition, the fluid flow characteristics of the bearing coolant had been researched [9]. This
research proposed to apply a jet nozzle to improve the bearing cooling capability and enhance the
bearing life. Japan has also developed bearing technologies through development of its flagship launch
vehicles and fundamental research. For developing LE-5 rocket engine which was the upper stage
engine of H-I launch wvehicle, a self-lubricating ball bearing with glass cloth reinforced
Polytetrafluoroethylene (PTFE) retainer shown in Fig. 4 was developed [10]. The research clarified
that Hydrofluoric acid (HF) chemical etch treatment on the retainer and rf-sputtered PTFE film coating
on bearing elements greatly decreased frictional heat generation and significantly lowered wear rate
of bearing components. In the development of LE-7 rocket engine that powered the first stage of H-2
launch vehicle, ball bearings for high-thrust liquid rocket engine were developed, and the durability
was tested [11-14]. Fundamental research aiming to demonstrate high-speed ball bearing technologies
had been conducted [15]. The research resulted in succeeding development of a hybrid ceramic ball
bearing which have a capability of rotating under 120,000 rpm and 3 million DN value. In addition,
the performance of the ball bearing under several cryogenic environment such as LH,, LOX, and liquid
nitrogen (LN2) was experimentally investigated in parametrically ways [16].

4



Since almost all turbopump bearing studies mentioned above were experimental investigations under

cryogenic environment which needs special facilities for testing, it has taken numerous time and cost

to evaluate bearing performance. Furthermore, it is difficult to measure a variety of bearing data to

comprehend bearing motion and situation under cryogenic environment and high-speed rotating

operation because of the limitations of measurement technologies. Therefore, it is necessary to model

the physical phenomena of rotating bearings for further understanding of the turbopump bearing

physics and more advanced bearing design. Additionally, the modeling capability contributes to

optimization of turbopump system design which is significantly influenced by bearing performance

such as the heat generation and the coolant conditions.

Preburner pump-

A outlet

Main pump outlet Preburner
l pump inlet

I
Turbine Jl‘/:;j
L. _gasinlet
I

inducer l
N
A FI
A
Turbine \
disk Nl -
i i Turbine.
Pump inlet — exhaust
T ] > i
Preburner l
| pump impelier ! [
Main pump [ |
impeller

|

AN

Fig. 2 LE-7 LOX turbopump schematic [17].



A —
PWIP-OEL—E-T—i—-—- i !\ TURBINEES_INLET ?I]
'—'_‘“'_‘*‘; : ; A
DIFFUSERD:\\ , Y . : - I—Eh

TURBINE EXHAUST

INOUCER A

GUIDE VANE /

! T
S — TURBINE DISK -
PUP INLET > 7 L
[ /4 }nn TMPELLER azaﬁ?nl \\ LIFT OFF SEAL
IMPELLER
BEARING FLOATING RING SEAL

I

Fig. 3 LE-7 LH; turbopump schematic [18].

Fig. 4 Self-lubricating ball bearing with glass cloth reinforced PTFE retainer.



1.3. Research background of modeling for rotating ball bearings

Modeling of rotating ball bearings have been studied for a long time. As the first step of the bearing
modeling, it is necessary to comprehend the bearing motion. The bearing motion had been studied
analytically using multiple equations by Jones, A. B. [19, 20]. Harris, T. A. also had researched the
bearing motion focusing on high-speed ball bearings [21, 22]. These studies used quasi-static models,
such as simple kinematic relations, to obtain the ball contact loads and surface velocities. By this
approach, it is difficult to understand the dynamic phenomena such as influences of dynamic behavior
on contact friction and thermal coupling between bearing components considering heat generation of
rotating bearing. Therefore, research on dynamic modeling of bearing motion has also been conducted.
The representative research on the dynamic model has been studied by Gupta, P. K. [23-29]. In recent
years, as computer calculation speeds have been improved, more specialized dynamic models
incorporating much more complex phenomena inside rotating bearings, such as the characteristics of
bearing wear, have been developed for each bearing design to improve the fidelity of the modeling
[30-33].

Unlike ordinary bearings for general purposes, no faithful modeling of cryogenic ball bearings such
as turbopump bearings has been constructed. There are two unique points which are different from
ordinary bearings. One is their lubricant. While oil based lubricant is applied to ordinary bearings
because of its excellent lubricating performance, oil cannot be used to cryogenic bearings because the
environment is extremely cold. Furthermore, since cryogenic fluids such as LOX, LH,, LCH4, and
LN, are not viscous enough, hydrodynamic lubrication is not performed in the bearing contact area
[34]. Therefore, a solid material such as polytetrafluoroethylene (PTFE) is used for the lubricant.
However, the lubrication mechanism and the friction characteristics under cryogenic environment
have not been clarified yet. There have been several studies aiming to clarify tribology characteristics

of rotating bearings under turbopump operating environment. Naerheim et al. confirmed the presence



of metal fluoride on the surface of bearings used in SSME HPOTP after hot firing engine tests by
performing X-ray Photoelectron Spectroscopy (XPS) analysis [35]. This study concluded that PTFE
decomposed and reacted with the bearing steel to form fluorides and that PTFE did not appear to
function directly as a lubricant under LOX turbopump environment. Nosaka also conducted surface
analysis on bearings used in turbopump operating environment [14, 36, 37]. Though several studies
aiming to clarify the lubrication mechanisms of cryogenic ball bearings used in turbopump
environment have been conducted by performing surface analysis, a modeling on the friction
characteristics has not completed yet.

The other unique point of turbopump bearing is that the bearing cavity is filled with the propellant
such as cryogenic fluids. The propellant performs cooling of the bearing by flowing through the
bearing cavity. As mentioned above, the bearing coolant flow pattern was researched to improve
cooling capability by using jet nozzles for extending the bearing life. However, it is typical to cool
bearings by simply supplying coolant through the bearing cavity without cooling devices such as the
jet nozzles because the cooling devices can complexify turbopump systems. The fluid flow
characteristics of bearing coolant flowing through the cavity is much complex since a bearing consists
of several components, such as balls, races, and a retainer, which rotate around different axes at
different velocities, respectively. This complex fluid flow generates pressure difference between the
upstream and downstream of the bearing, which have influences on turbopump inner flow pattern [38].
Furthermore, the fluid flow also produces heat generation due to drag and churning loss, which is
unique physical phenomena of turbopump bearings. To comprehend performance characteristics of
turbopump bearings, it is necessary to model this fluid flow characteristics.

As mentioned above, there are difficulties to model turbopump bearings’ performance. However,
there has been a study of modeling cryogenic turbopump bearings, in which the characteristics of

friction and fluid flow were modeled roughly. Gupta has constructed a dynamic modeling of heat



generation in LOX turbopump bearings [39]. In the paper, it was pointed out that there were errors
between predicted values and experimental data. Therefore, it is considered that the rough model of
friction and fluid flow can cause the errors and the fidelity of the modeling is not enough to simulate

the bearing behavior under turbopump operational environment.

1.4. Purpose of this study

This study aims to clarify the friction characteristic of bearing material under cryogenic environment
and the fluid flow characteristics of the bearing coolant and to finally construct a high-fidelity
modeling of heat generation in turbopump bearings.

This paper is organized as follows. The background of the study is introduced in Chapter 1.

In Chapter 2, a calculation method of bearing motion analysis that is applied to this research is
summarized. As the first step of construction of high-fidelity modeling for cryogenic turbopump
bearings, quasi-static models of bearing motion studied by Jones, A. B. and Harris, T. A. are adopted
in order to predict much accurately constant performance on several operating conditions. Influences
of dimension changes due to extremely low temperature, tightly interference fitting and high-speed
centrifugal force are considered. In addition, factors of heat generation are introduced and theoretical
calculation methods of them are explained.

In Chapter 3, experimental results of bearing testing conducted under turbopump operating
environment are discussed. Heat generation data of several turbopump bearings were measured in
various conditions of rotational speed, bearing load, bearing coolant and so on. The bearing
performance characteristics are evaluated parametrically.

In Chapter 4, the fluid flow characteristics of bearing coolant are studied for improving fidelity of
the model. The fluid flow characteristics are studied by using 3D computational fluid dynamics (CFD)

analysis because it is difficult to evaluate the complex fluid flow by experimentation. Influences of



bearing operating condition, such as bearing coolant, flow rate and rotational speed, are investigated
in terms of bearing performance.

In Chapter 5, the friction characteristics of bearing material under cryogenic environment are
investigated experimentally. Friction tests using bearing material were conducted at high contact
pressure conditions as well as bearing contact conditions to acquire the friction coefficient. The
influence of contact pressure which seems to be the most dominant factor on the friction characteristic
is evaluated.

In Chapter 6, a model of heat generation in cryogenic ball bearing is constructed, considering bearing
motion and the characteristics of the fluid flow and the friction coefficient. The model is compared
with experimental results to evaluate the fidelity. The quality of this model is discussed.

In the last chapter, the results of this study are summarized, and the conclusions are mentioned.
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Chapter 2. Bearing motion analysis and heat generation factors
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2.1. Introduction

Turbopump bearings are operated on higher speed and larger load conditions with requirement of
much more sufficient reliability than ordinary bearings. In addition, they are needed to be stiff enough
to minimize the shaft vibration and instabilities, which enable to design the highest efficiency of pumps
and turbines with minimum clearances between blades and stators. To enhance the bearing stiffness,
the bearing axial preload is set in larger load. This preload condition increases the contact pressure of
friction areas. Furthermore, spinning motion would occur in the friction areas on higher-speed
conditions since there would be differences in the contact angles of races and balls between outer race
and inner race. Centrifugal forces loading on balls increase the contact pressure in the friction areas of
the outer race with the rotational speed. The severe friction condition due to the larger load and higher
speed would be one of the causes of bearing failures such as insufficient lubrication and lubrication
film breakdown. Therefore, it is necessary for bearing designers to accurately predict bearing friction
conditions such as relative velocity and contact pressure in the friction areas of races and balls by
conducting bearing motion analyses.

The bearing motion analysis was theorized by Jones, A. B. In his studies, the loads and velocities of
balls of rotating bearings were formulized considering elastic deformation on the friction areas of
angular contact ball bearings [19, 20]. Harris formulized bearing motion of high-speed ball bearings
by using multiple equations. The studies have enabled to calculate the displacement of balls in high-
speed bearings and evaluate the bearing stiffness [21, 22]. In addition, rapid calculation methods by
using digital computers were demonstrated to solve the bearing analyses including multiple equations
[40]. Since then, improvement of digital computing speed has made it possible to calculate much more
complex bearing calculations. Recently, there have been several studies for evaluation of bearing
dynamics, which aim to clarify influences of various conditions on bearing motion in detail.

In this research, calculation codes of the bearing motion analysis for turbopump ball bearings were

12



implemented, considering not only the characteristics of high-speed ball bearings that have been
clarified by previous studies but also several influences of cryogenic environment. In this chapter, the
analysis method and several calculation examples are introduced. Furthermore, the heat generation

factors due to such bearing motion are discussed.

2.2. Influences of cryogenic environment
2.2.1. Thermal expansion model

The dimensions of cryogenic ball bearings’ elements change to much smaller under operational
conditions than room temperature environment because they are operated in extremely low
temperature environment such as LOX (90.2 K at 1 atm), LCH4 (112 K at 1 atm), and LH> (20.3 K at
1 atm). In addition, the amount of the dimension changes depends on the material characteristics. The
performance characteristics and operating conditions of ball bearings are significantly affected by each
element’s dimension. This is the reason why a ball bearing’s dimension is strictly controlled in
manufacturing processes. Therefore, the dimension changes by temperature environment also need to
be predicted accurately to evaluate ball bearings’ performance. In this study, each element’s dimension
under operating conditions is calculated by referencing a material handbook [41] including several
material information under cryogenic environment. The thermal expansion ratio of Inconel 718 and
SUS440C used in this study is shown in Fig. 5. Because material data of SizN4 under cryogenic
environment could not be found in open publications, the thermal expansion ratio of SizNs was
measured in our laboratory. The data was acquired by directly measuring the amount of shrinkage at
LN» temperature. Since the thermal expansion ratio of Si3sN4 is much smaller than metals, the influence
of its change with temperature conditions on bearing motion analysis is negligible. Therefore, the

thermal expansion ratio of SizN4 is assumed to be constant value 3.40 X 107° in this study.
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Fig. 5 Thermal expansion ratio of Inconel 718 and SUS440C in cryogenic environment.

2.2.2. Interference fitting model including an effect of centrifugal force

High precision of rotating performance is required for turbopump bearings. For improving the
precision, the inner race is tightly fit to the main shaft, which is interference fitting. Interference fitting
between the inner race and the main shaft can minimize a position gap between their axial center lines
and enable them to rotate together without any slip in the interface even on high-speed conditions. In
interference fitting conditions, the main shaft would shrink, and the inner race would expand due to
pressure in the fitting interface. The expansion of the inner race would have significant influences on
contact angle against rotating elements. Therefore, the expansion amount needs to be evaluated
accurately. In addition, the dimension changes of the inner race and the main shaft due to centrifugal
force under high-speed conditions are also important to the bearing motion analysis. In this study, the

interference fitting model including an effect of centrifugal force, shown in Fujii’s research about high-
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speed ball bearings [42], is referred. The outline of the model is as follows.

Dimension changes of an inner race and a shaft are calculated by solving a simplified problem of
interference fitting about a cylinder and a shaft. Hence, an inner race needs to be approximated as a
simple cylinder. Dimensions of an inner race are shown in Fig. 6. This inner race is assumed to be a
cylinder of outer diameter D; and inner diameter d; in the interference fitting model of this study.

D; is expressed as an average of the groove diameter d,,,; and the shoulder diameter dg;:

= ®
The relationship between the interference J;, the expansion of the inner race Ad;, and the shrinkage
of the shaft AD; is:
8; = Ad; + AD; (2)
The balance of pressure between the interface and the shaft is:

E; E, 4 3+
A, — —B, —— 2D2 =0 3
1—v, sT1+ Vg D52 s 32 Psw;”Dg 3)

Psi +
psi 1s the interface pressure, E is the Young’s modulus of the shaft, v, is the Poisson’s modulus of
the shaft, A; and B; are the integration constant values of the shaft, D, is the outer diameter of the
shaft, p, is the density of the shaft material, and w; is the rotational velocity.

The expansion of the shaft is:

4 1-v2p
ADg = — (DSAS + D_SBS - 325 E_zwi2D53> (4)

The balance of pressure between the interface and the inner race is:

Ei Ei 4 3+ Vi

A - — B - pw2d? =0 5
1—v i 1+Vidiz i 32 piw;=a; (5)

Psi +
E; is the Young’s modulus of the inner race, v; is the Poisson’s modulus of the inner race, A; and
B; 1is the integration constant of the inner race, d; is the inner diameter of the inner race, and p; is
the density of the inner race material.

The balance of pressure on the outer side of the inner race is:
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Ei Ei 4 3 +Vi

+ A — Bi ————p;w;*D* =0 6
Pbi 1—v, i 1+ViDi2 i 32 piwi~U; (6)
ZP;cos0;
Pbi=—Wlnd — (7)
mi

Dpi 1S the outer side pressure loaded by rolling elements, Z is the number of rolling elements, P; is
the contact force of a rolling element, 6; is the contact angle of a rolling element, and W is the width
of the inner race.

The expansion of the inner race’s inner diameter is:

4 1—v%p;
Ad; = d;A; + EBi — 321 Eza)izdi?’ (8)
The expansion of the inner race’s outer diameter is:
4 1—v2p;
AD; = D;A; + EB,- - 321 EZwﬂDﬁ 9)

Solving the simultaneous equations about Equation (1) to Equation (9), the dimensions

considering the interference fitting including an effect of centrifugal force are obtained.

¢dmi
qbdsr,

3
<

Fig. 6 Dimensions of inner race.
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Fig. 7 Interference fitting model of inner race and shaft.

2.3. Analysis Method of bearing motion
2.3.1. Force calculation

Force balances inside a bearing are calculated to acquire the contact load between races and rolling
elements. In this study, analysis modeling of a high-speed angular ball bearing, which was proposed

by Jones[19] and Harris[21], is adopted. The calculation outline is as follows.
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An inner race is displaced from the initial position due to bearing loading. The displacements are
shown in Fig. 8. These displacements values are a part of outputs by bearing motion analysis. Rolling
elements are equally allocated as shown in Fig. 9. At first, force balance of a rolling element at position
j is calculated. Considering bearing loading and centrifugal force due to high-speed rotating, the ball
center position is displaced from the initial position as shown in Fig. 10. The line of action between
the raceway groove curvature centers is not collinear with a line connecting these centers since the
rolling elements’ center moves out of the line due to centrifugal force loading. In Fig. 10, it is assumed
that the inner raceway groove curvature center moves relative to the fixed centers of the outer raceway
groove curvature.

The axial distance between the raceway groove curvature centers A; is:

Ayj = BDsina® + &, + OR; cos; (10)
BD is the initial distance between the raceway groove curvature centers, a® is the initial contact
angle, 8, is the axial displacement of the inner raceway groove curvature center, 6 is the
displacement of the inner race, 1; is the angle between the top and the position j as shown in Fig.

9. R; is the distance between the shaft center and the inner raceway groove curvature center:

d D
R; = Tm + (ri - E) cosa® (11)

d,, 1is the distance between the shaft center and the ball center, 7; is the radii of the inner raceway
groove curvature, and D is the ball diameter.
The radial distance between the raceway groove curvature centers A,; is:
A,j = BD cosa® + 8, cosi; (12)
8, is the radial displacement of the inner raceway groove curvature center.

The ball final position (X1 X2 ]-) is expressed as:

Xy
(f, — 0.5)D + 6,

(13)

cosa,; =
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Xqj

o) =, —05)D + 6, (1)
Azj_ij

- 15

O = (= 05D + 05 (15)
Ayi—Xy

sina;; = Y~ (16)

(fi —0.5)D + §;;

fo 1s the ratio of the outer race curvature radii to the ball diameter, f; is the ratio of the inner race

curvature radii to the ball diameter, &,; is the contact deformation on the outer race interface, and
8i; is the contact deformation on the inner race interface.

Considering the Pythagorean Theorem:

(Ayj=X1))" + (Azj=X2;)" = {(fi — 0.5)D + 6;;)" (17)

X1 + X027 = {(f, — 0.5)D + 8,;)" (18)

The ball loading at position j is shown in Fig. 11. Q,; is the normal loading between the outer

raceway and the ball. Q;; is the normal loading between the inner raceway and the ball. Mg ; is the

gyroscopic moment at the ball:

M,; =/(ﬂ) (“’—m).w2 sin B (19)

w7jr w7

J is the ball’s mass moment of inertia which is expressed as:

J= %PTTDZ (20)
wg is rotational speed of the ball about its center, w,, is orbital speed of the ball, w is rotational
speed of the shaft, 8 is direction of the ball’s rotation.

Aoj and 4;; are the resisting balance of the friction force due to the moment. For example,
Aoj =1 and 4;; =1 inthe case where the moment is resisted equally at the ball-inner and ball
outer raceway contacts. 4,; =2 and 4;; = 0 ifthe momentis resisted entirely by friction force

at the ball-outer raceway contact. In this study, since the analysis cases are extremely high-speed

conditions where the boll motion is assumed to be outer raceway control, 4,; =2 and 4;; =0
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are adopted. F; is the centrifugal force loading on the ball due to rotating motion:

1
ch = Ernbdmwm2 (21)
my, is the ball mass. @,; and «;; are contact angles at outer and inner raceway, respectively.

Considering the equilibrium of forces in the horizontal and vertical directions:
. . My -
Qijsina;j — Qpjsina,; — T(AU cosa;j — Ayjcosay;) =0 (22)

Qijcosa;j — Qyjcosa,; — % (Aijsina;; — Agjsinag;) + Fj =0 (23)
Considering Hertzian contact, the normal load is expressed:
Qoj = Kojo;"* (24)
Qij = Kij6;;™° (25)
K,; and K;; are coefficients that can be calculated in accordance with Hertzian contact theory.

The conditions of equilibrium of forces applying the entire bearing are:

1M
F, =Z<QU sinaij—UTg]cosaij> (26)
j=1
z
_ AijMgj
E = Qij cosa;j + o sina; cosy; (27)
j=1
z AM A
M= Z{(QU sina;; — UD 91 cos aij) R; +%ri}cos Y (28)
j=1

F, isthe axial load, F,. is the radial load, and M is the moment.
Solving the simultaneous equations about Equation (10) to Equation (28), the normal loads and

the contact angles of high-speed ball bearings are obtained.
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Loading force Bearing displacement

Fig. 8 Displacements of an inner ring due to combined radial, axial, and moment loading

P =0°

Fig. 9 Angular position of rolling elements.
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Fig. 10 Positions of ball center and raceway groove curvature centers at position j.
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Fig. 11 Ball loading at position j.

2.3.2. Velocity calculation

The relative velocity of the ball to the raceways needs to be calculated to analyze the bearing motion.
In this study, the calculation method proposed by Jones [19] is referred. The detailed calculation
process is shown in [19]. The raceway contacts are shown in Fig. 12 and Fig. 13. Equations used in
the bearing analysis are as follows.

The relative angular velocity of the inner race w; is:

w; = - (29)

- 'y (dTm —1r'; cos ai) (cos B cos B’ cosa, + sin B sina,)

d . .
r'; (—m —1',coSs ao) (cos B cos B’ cos a; + sin 8 sin ;)

r', and r'; are the effective rolling radius of the ball where the transition of the ball is identical to

that of each raceway, [ is the angle defining direction of the ball’s rotation, and S’ is the initial

contact angle. § is shown in Fig. 14. Considering outer raceway control:
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sin 4,

tanf = ———- (30)
cos 6, — 5
o dm
The relative angular velocity of the outer race w,, is:
—w
Wy = 7 3D
r'; (Tm -1, cos cxo) (cos B cos B’ cosa; + sin B sina;)
1+
r', (dTm —1’; cos ai) (cosB cos B’ cosa, + sin S sina,)
The angular velocity of the ball about its center wg is:
—w
Wwp = 7 7 7 7 7 7 p p (32)
147 o(cos B cos B’ cosa, + sin B sina,) 47 ;(cos B cos B’ cos a; + sin B sin a;)
Tm+r’0 cos a, Tm—r’icosai

Using these relative velocities, the velocity distribution of each contact area, which is needed to

calculate the heat generation of ball-raceway friction can be obtained.

Contact ellipse

Outer raceway

Fig. 12 Outer raceway contact.
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Inner raceway

Fig. 13 Inner raceway contact.

Outer raceway

Fig. 14 Direction angle of ball rotation.
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2.3.3. Contact pressure calculation of ball-raceway friction
The contact pressure of ball-raceway friction is calculated to assess the friction characteristics and
evaluate the heat generation. In this study, the Hertz contact theory is adopted. The calculation method

of the Hertz pressure for the ball-raceway contact is summarized in [43].

2.3.4. Calculation examples

Theoretical calculation of bearing motion and contact condition was conducted by using the method
described in this chapter. The results are needed for more detailed analysis such as CFD of bearing
coolant and calculation of friction heat generation. In this study, two types of bearings are used as the
research target. Their design parameters are shown in Table 1. The material of ball, races, and shaft

for both bearings is Si3N4, SUS440C, and Inconel 718, respectively.

Table 1 Design parameter of Bearing X and Y.

Parameter Bearing X Bearing Y
D, ball diameter 7.938 mm 11.113 mm
fi, ratio of inner race curvature to ball diameter 0.56 0.56
fo, ratio of outer race curvature to ball diameter 0.51 0.52
Z , number of balls 10 13
a?, initial contact angle 20 deg 25 deg
W, bearing width 15 mm 18 mm
Dq, shaft outer diameter 25 mm 45 mm
d;, inner diameter of inner race 25 mm 45 mm
d ., ball pitch diameter 38.5 mm 65 mm
my, ball mass 0.848 g 2329¢g
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E},, elastic modulus of ball material 308000 MPa | 308000 MPa
vy, Poisson’s ratio of ball material 0.29 0.29

E,, elastic modulus of shaft material 199000 MPa | 199000 MPa
Vs, Poisson’s ratio of shaft material 0.225 0.225

ps, density of shaft material 8221 kg/m® | 8221 kg/m?
E;, elastic modulus of inner race material 206022 MPa | 206022 MPa
v;, Poisson’s ratio of inner race material 0.284 0.284

pi, density of inner race material 7750 7750

E,, elastic modulus of outer race material 206022 MPa | 206022 MPa
V,, Poisson’s ratio of outer race material 0.284 0.284

6;, amount of inner race-shaft interference 0.040 mm 0.051 mm

2.3.4.1. Calculation results of Bearing X

Calculation conditions for Bearing X are shown in Table 2. The calculation was conducted by
significantly changing rotational speed as a parameter since Bearing X is operated in much wider range
of rotational speed conditions. The same conditions as the experiments described in Chapter 3 are
included.

Calculation results of Bearing X are shown in Fig. 15. The bearing stiffness is shown in Fig. 15 (a).
Both the axial stiffness and the radial stiffness were not as dependent on the rotational speed as Bearing
Y results described later, and Bearing X performed more stable stiffness characteristics in wide range
of rotational speed conditions. This is because Bearing X is designed for higher speed conditions. In
the design, the initial contact angle is set at 20 deg which is much smaller than ordinary angular contact
bearings, and the change of contact angle from the initial contact due to high-speed rotation is reduced

by using low density material Si3Ny for balls. The contact angle is shown in Fig. 15 (b). Contact angle
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changes of Bearing X from the initial contact at 120000 rpm were -7.8 deg in the outer race and around
-0.2 deg in the inner race which were much smaller Bearing Y. It indicates that the contact angle of
Bearing X did not easily change with the rotational speed. The small change of the contact angle
reduced the change of stiffness performance and spinning motion occurred in the contact area of inner
race, which contributes to mitigating the severe friction conditions there.

The ball load, maximum contact pressure, maximum SV value, and contact area are shown in Fig.
15 (¢), Fig. 15 (d), Fig. 15 (e), and Fig. 15 (f). The figures show the influences of the centrifugal forces
at higher speed conditions even though the material of balls was SisN4 which is significantly lighter
than SUS440C, which contributed to reducing the centrifugal forces loaded on balls. For example, the
ball load of the outer race at 120000 rpm was 2.3 times larger than 0 rpm, which contributed to
nonlinear increase of contact pressure, SV value, and contact area on the outer race. On the other hand,
since the ball load of the inner race did not change as significantly as outer race, there was almost no
nonlinear change of parameters relating to contact load.

From the above, severe friction-resistance capabilities are demanded for the bearing operation at
120000rpm even though Bearing X is designed to reduce spinning motion in inner race contact and
contact pressure in outer race. Since the SV value at 120000 rpm was 5937 MPa-m/s in the inner race
and 4065 MPa-m/s in the outer race which were remarkably severe, sufficient lubrication performance

is needed for the contact area of raceways.

Table 2 Calculation conditions for Bearing X.

Parameter Value
Rotational speed 20000, 40000, 60000, 80000, 100000, 120000 rpm
Thrust load 1000 N
Ball material Si3Ny4
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Fig. 15 Calculation results of Bearing X with SizNy4 balls as a function of rotational speed.
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2.3.4.2. Calculation results of Bearing Y

Calculation conditions for Bearing Y are shown in Table 3. The calculation was conducted by
changing rotational speed, thrust load, and ball material as parameters since they significantly
influence bearing motion and contact condition. The same conditions as the experiments described in
Chapter 3 are included.

Calculation results of Bearing Y are shown in Fig. 16. The contact angles of Bearing Y with Si3sN4
balls on each condition are shown in Fig. 16 (a). The contact angle at 0 rpm increased with thrust load
although it was smaller than the initial contact angle without thrust load due to dimensional changes
by thermal expansion. The contact angle on the inner race slightly increased with the rotational speed
while the contact angle on the outer race remarkably decreased with the rotational speed. It is due to
centrifugal force loading on balls, which is proportional to the square of rotational speed and
compresses balls to outer side. The contact angle changes due to the rotational speed were smaller in
larger thrust load condition.

The ball loading results are shown in Fig. 16 (b). The ball load on the inner race slightly decreased
with the rotational speed, and ball load on the outer race remarkably increased with the rotational
speed. It is due to centrifugal force loading on balls as well as the influence of the rotational speed on
the contact angle. The thrust load conditions independently affect the ball loading because the
centrifugal force was not influenced by them.

The bearing stiffness is shown in Fig. 16 (c). The bearing stiffness in both radial direction and axial
direction was higher in larger thrust load condition. This is because the dimensional changes due to
elastic deformation by bearing load would get smaller when the thrust load is larger. The radial
stiffness and the axial stiffness decreased with the rotational speed. It is caused by the contact angle
changes with the rotational speed. Especially the outer race contact angle was significantly influenced

by the rotational speed. In smaller angle of outer race contact, larger contact deformation on the outer

32



race interface (J,;) would be needed for a certain deformation in radial direction, which contributes
to smaller radial stiffness. Also, in smaller angle of outer race contact, ball load on outer race (Q,;)
would change lesser for a certain deformation in axial direction, which contributes to smaller axial
stiffness.

The maximum contact pressure, the maximum SV value, and the contact area are shown in Fig. 16
(d), Fig. 16 (e), and Fig. 16 (f). The contact pressure changes with the rotational speed were dependent
on the ball load that was shown in Fig. 16 (b). Although the ball load on inner race was smaller than
that on outer race especially on higher-speed conditions because of the centrifugal force loading on
ball, the contact pressure on inner race was much larger than that on outer race. This is because of the
geometric relationship between raceway and ball where inner raceway has concave groove curvature
and outer raceway has convex groove curvature, which contributes to much larger contact area on
outer race as shown in Fig. 16 (f). As a result, the SV value which is one of evaluation indexes for
friction condition was much larger on inner race than outer race, which indicates that the friction
condition is more severe on inner race. However, since outer race had much larger contact area with
balls, friction heat generation from there would be larger as well. From the above, in the range of the
calculation conditions, enough lubrication performance would be needed for more severe friction
conditions on inner race. In addition, enough cooling capability would be needed for large friction heat
generation on outer race.

To evaluate influences of ball material on bearing motion, calculation results of Bearing Y with
SUS440C balls are shown in Fig. 17. The ball material would influence centrifugal force on balls,
balls’ thermal expansion, and balls’ elastic deformation. Due to these influences, the contact angle
changes were much larger than the results with Si3N4 balls. Especially, contact angle of outer race on
higher speed conditions was significantly smaller. This is mainly caused by much larger ball load on
outer race due to centrifugal force on balls as shown in Fig. 17 (b), which contributes to larger contact

33



pressure on outer race as shown in Fig. 17 (d). As a result, the bearing stiffness was smaller than the

results with Si3Ny balls as shown in Fig. 17 (c).

Table 3 Calculation conditions for Bearing Y.

Parameter Value
Rotational speed 10000, 20000, 30000, 40000, 50000 rpm
Thrust load 1000, 1900, 3000 N
Ball material SisN4, SUS440C
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2.4. Factors of heat generation in turbopump bearing

To clarify quantitatively the heat generation mechanism of cryogenic turbopump bearings, each

significant factor needs to be modeled. The factors are classified as (A) friction heat generation on

contact area in bearing elements and (B) fluid heat generation of coolant fluid flow due to rotational

motion of bearing elements. These factors are shown in Fig. 18. (A) is composed of (a), (b), and (c)

which are the friction heat generation of balls-race contacts, retainer-balls contacts, and outer race-

retainer contacts. (B) is composed of (d), (e), and (f) which are fluid heat generation on surface of the

inner race, the balls, and the retainer.

_______________________________________________

Outer race

| Cage
Inner race

Ball

Fig. 18 Factors of heat generation in turbopump bearing.
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2.4.1. Friction heat generation

In a ball bearing, shaft load is transferred from the inner race to balls and to the stationary outer race.
Therefore, since the contact pressure of contact areas between balls and raceways would be the
maximum in entire bearing elements, it is necessary to provide sufficient lubrication capabilities at the
contact areas. An example of friction conditions in the contact area is shown in Fig. 19. The figure
shows friction conditions of Bearing X inner race in 1000 N thrust load at 120,000 rpm. Based on
Hertzian contact theory, the shape of the contact areas between spherical balls and curved surfaces of
races is an ellipse that has pressure distribution. In addition, since there is a velocity distribution there,
the contact is a rolling-sliding type. Therefore, the lubrication performance on the contact area
significantly impacts the high-speed performance of the ball bearing. Considering the solid lubrication
used for cryogenic turbopump bearings, temperature on the contact area significantly influences the
strength of PTFE transfer film and the lubrication performance. Thus, it is important to understand
accurately how much heat generation would be occurred at the contact areas.

The schematic of the balls-races contact area is shown in Fig. 20. The friction heat generation of this
area is calculated from a surface integral of area AA at each arbitrary point (x,y). Heat generation

at the balls-inner race contact, balls-outer race contact, and the sum of them are calculated as follows.

N
Wa (Inner race) = 2 j Un (x' y) ' Pn (x' y) *Un (x' Y)dAn,Inner race (3 3)
n=1
N
Wa(outer race) = 2 j Un (x' y) ' Pn (x' y) *Un (x' Y)dAn,Outer race (34’)
n=1
W, = W,(Inner race) + W, (Outner race) (35)

N is the number of balls, B,(x,y) is the contact pressure, v,(x,y) is relative velocity, u,(x,y) is
the friction coefficient at the point (x,¥y), Ay mnerrace is the contact area on the inner race, and
Ay outer race 18 the contact area on the outer race. Contact pressure, relative velocity, and contact area

are calculated by the method described in section 2.3. The friction coefficient u,(x,y) of the balls-
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races contact is an unknown factor that there has almost no research about. Therefore, the friction
characteristic there was studied in detail in this study and shown in Chapter 5.

A retainer is used as a separator preventing a ball rotating at high speed from colliding with the other
balls. In cryogenic ball bearings, the retainer also acts as a lubricant supplier. When radial force is
loaded on a ball bearing, ball speed variation (BSV) occurs. Under such conditions, an excessive
contact load would occur between a retainer and balls if the BSV is greater than a retainer's pocket
gap against the balls [44]. Therefore, the gap of the test bearing is designed to be much larger than the
BSV. A retainer contact on balls in the axial direction is shown in Fig. 18 (b) on the left side and in the
circumferential direction as shown in Fig. 18 (b) on the right side. Since the axial gap is designed to
be enough large to not contact the test bearing, contact in the axial direction is not considered in this
study.

The heat generation at (b) is calculated as follows.

N
szz.ub'Fn'Vn (36)
n=1
Up 1s the friction coefficient of retainer-ball contact, F, is the contactload and v, is relative velocity.
In the analysis, the contact of each ball with the retainer is not judged, and F, is assumed to be the
sum of normal forces on retainer-ball contact. The sum is assumed to be the fluid drag force loaded to
the retainer considering the equilibrium of forces.
The test bearing retainer is guided by the inner surface of outer race. Considering that the retainer
size could change due to thermal expansion and hoop stress expansion at operating conditions, the gap
between the retainer and outer race is designed to be small during operation. When the retainer contact

on the outer race is considered, the heat generation at (c) is calculated as follows.

N
m=ZMc'Fc'UC (37)
n=1
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Uc is the friction coefficient of the retainer-to-outer-race contact, F. is the contact load and v, is

relative velocity.
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Fig. 19 Friction conditions in contact area of Bearing X inner race in 1000 N thrust load at
120,000 rpm. (a) Velocity distribution. (b) Velocity vector. (c) Contact pressure distribution. (d)

SV value distribution.
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Fig. 20 Schematic of the ball-to-races contact area.

2.4.2. Fluid heat generation

Each element of an angular contact ball bearing rotates at each rotational velocity around each
rotational axis. With a stationary outer race, the inner race rotates synchronously with the shaft rotation.
The balls have complex motion where revolution around the shaft axis and rotation around the ball
axis are synthesized. The retainer rotates synchronously with the balls’ revolution motion. The
rotational velocities of the bearing elements are shown in Fig. 21. The data were calculation results of
Bearing Y with Si3N4 on the conditions of 1000 N thrust load. All velocities linearly increased with
the rotational speed. The balls’ rotational velocity was around 2.9 times faster than the shaft rotation
because balls’ diameter is significantly smaller than inner race. The retainer’s rotational velocity was
around 0.42 times the shaft rotation.

Cryogenic ball bearings rotate inside bearing coolant with such complex motion. Fluid friction heat
is generated due to fluid drag caused by shear forces between moving elements’ wall and surrounding
fluid. The shear force depends on the relative velocity between the walls and the fluid. Since the
bearing has complex motion with each element’s velocity around their own rotation axes, it is

significantly difficult to predict the fluid velocity and the fluid heat generation by using simple
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equations. Therefore, fluid analysis with CFD was applied in this study. The results are shown in

Chapter 4.
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Fig. 21 Rotational velocities of each bearing element in Bearing Y with SizNy4 balls on the

conditions of 1000 N thrust load.

2.5. Lubrication condition of race-ball contact

As described in section 1.3., it is considered that cryogenic propellants which are used as bearing
coolant are not viscous enough to perform hydrodynamic lubrication in bearing contact areas. To
verify this, film thickness of elastohydrodynamic lubrication (EHL) between race-ball contact area
was calculated assuming that EHL is performed there. For the calculation of EHL film thickness,

prediction equation proposed by Dowson and Higginson was used [45]:

h;lin — 2.6560.54Uo.7W—0-13 (38)

X
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hpnin 1s minimum lubricant gap, R, is effective radius, G is material parameter in EHL calculation,
U is velocity parameter in EHL calculation, W is load parameter in EHL calculation.

Calculation results of EHL film thickness is shown in Fig. 22. In all cases, the film thickness is much
less than 110 nm which is surface roughness of the bearing contact area. Therefore, races and balls
would contact directly without any lubrication film in the contact area. This calculation result

quantitatively shows that cryogenic bearing coolant is not viscous enough to perform EHL.
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Fig. 22 EHL film thickness of Bearing X and Bearing Y.
2.6. Summary

Analytical method for calculation of bearing motion and factors of heat generation in cryogenic ball
bearings were discussed in this chapter. The analytical method considered the influences of thermal

expansion, centrifugal forces, and interference fitting which are unique characteristics of cryogenic
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ball bearings. Calculation with Bearing X and Y were conducted on several conditions. The results
indicated that the bearing performance and the bearing motion conditions such as bearing stiffness,
contact angle, ball load, and SV value were significantly dependent on bearing geometry, thrust load,
rotational speed, and ball material. Therefore, the bearings’ parameters need to be designed for meeting
demands of bearing performances, considering operating environment and conditions. Also, it is
necessary to confirm that lubrication capability of the bearings is enough to operate the friction
conditions which are determined by the bearing parameters and operating conditions. In addition, the
quantitative information of the bearing motion is necessary for conducting theoretical calculation of
bearing heat generation, and the accurate prediction of the bearing heat generation enables to set
optimum operating conditions such as cooling flowrate of bearing coolant. Finally, the factors and
mechanisms of the heat generation are introduced. For detail calculation of the friction heat generation,
the friction characteristics of bearing material in operating conditions need to be clarified. It is also

necessary to study the fluid flow characteristics of bearing coolant surrounding the bearing elements.
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Chapter 3. Measurement of heat generation in cryogenic ball

bearing
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3.1. Introduction

Performances of elementary technologies composing a rocket engine system have been evaluated by
conducting experimental testing under the same environment as rocket engines. This is because
experimental data acquired in the operating conditions have been emphasized in rocket engine
technologies to ensure enough reliability for launch capability and safety [2]. Therefore, it has been
considered necessary to confirm that there is no problem after several tests at each phase of engine
development such as elementary parts testing, component testing, sub-system testing and system
testing conducted under more severe conditions than the actual ones in rocket engines. Also in Japan,
significant technologies related to LOX/LH; rockets have been researched by conducting experimental
testing to develop its flagship launch vehicles based on the philosophy described above [46-49].
Turbopump bearings have also been studied by acquiring data from several testing such as material
tests, bearing tests, turbopump tests and engine tests. In research phase, the bearing performance is
evaluated in detail by conducting bearing tests using bearing testers that can simulate the same
environment as turbopumps. The bearing testers equip enough sensors to monitor the bearing data in
detail and can acquire more data than turbopump tests and engine-system tests.

As described in Chapter 1, each space agency has researched bearing technologies although the
public information has been limited. Because of these previous studies, a lot of knowledges have been
acquired. However, most of these studies mainly focused on durability to be operated in actual
turbopumps and engines, not on acquiring bearing data to construct a bearing performance model. This
is why there has been little research case which contributes to clarifying heat generation of cryogenic
turbopump bearings which is one of the most important design parameters.

Therefore, this research conducted experimental studies that focused on obtaining heat generation
data parametrically to construct a model for heat generation in cryogenic turbopump bearings. The
heat generation is considered to be strongly influenced by several conditions such as bearing load,
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rotational speed, bearing coolant flowrate and physical properties of bearing coolant. In this research,
bearing tests were conducted by changing these conditions as much as possible. Since this study aims
to construct a detailed and precise quasi-steady modeling of the heat generation as the first step, steady
state bearing data were accumulated on sufficiently static conditions to eliminate transitional
influences. Finally, these data were evaluated parametrically and organized as a database for
improving the cryogenic bearing model.

This chapter is organized as follows. In section 3.2, test results of Bearing X were explained.
Experiments using Bearing Y were described in section 3.3 as well. Finally, influences of several

factors on the heat generation were summarized in section 3.4.

3.2. Measurement of heat generation with a hybrid ceramic ball bearing of 25 mm
inner diameter
3.2.1. Experiment P: LCH4 and LN> environment
3.2.1.1. Test objective
In this test, a hybrid ceramic ball bearing of 25 mm inner diameter was evaluated to investigate the
characteristics of its heat generation in LCH4 and LN» environment. The bearing coolant was supplied
in supercooled conditions from a pressurized tank to prevent from evaporating and perform enough

cooling capabilities.

3.2.1.2. Test bearing (Bearing X)
Design parameters of the test bearing are shown in Table 1. The bearing is an angular contact ball
bearing. The material of balls is SizNs. It is a self-lubricating ball bearing with a retainer made of glass-

cloth-PTFE laminate [10].
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3.2.1.3. Bearing tester

The bearing tester is shown in Fig. 23. The tester can simulate the same environment for the test
bearing and the shaft seals as in rocket engine turbopumps. The main shaft was supported by two
bearings loaded by disk springs and rotated by an electrical motor which was controlled by an inverter.
The coolant was supplied from a pressurized tank into the tester and flowed through the two bearings
then drained out of the tester. Shaft seals were set outside bearings to prevent leakage of the bearing
coolant from its main flow. A bellows mechanical seal was set at the upstream of the test bearing and
a kind of non-contacting mechanical face seals [50, 51] which perform dynamic seal by lifting off the
rotor surface to a few micro-meters gap in rotating conditions and have no thermodynamic impact on
the bearing coolant. The flowrate was controlled by using a control valve set in the downstream of the
drain line.

Temperature and pressure of the bearing coolant were measured at the upstream and downstream of
the test bearing. The coolant temperature and pressure are indicated as T, and P, upstream of the
test bearing and T; and P; downstream of the test bearing, respectively. Temperature was measured
by using Type T thermocouples which perform high sensitivity and linearity in LCHs and LN»
environment. Pressure was measured by using pressure transducers set outside of the tester at room
temperature, which were connected to the measurement point by pipes. The flow rate of the bearing
coolant was measured using a turbine flowmeter set in supply system of the coolant.

Heat generation of the rotating bearing was calculated by Equation (39). In this study, energy
increase of the coolant flowing through a bearing was defined as the bearing heat generation.

Wex = (H1 - Ho) 'mf (39)
H, is specific enthalpy of the coolant upstream of the test bearing, H; is specific enthalpy of the
coolant downstream of the test bearing, and i is the mass flow rate of the coolant. The specific
enthalpy was calculated from the measurement data of Ty, Py, Ty, and P; by REFPROP [52].
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Measurement uncertainty is described as follows. Accuracy of the temperature sensors used in the
experiments was within + 0.5 K of the measured temperature. However, the sensors were calibrated
by using LN, which is cryogenic fluid as well as the bearing coolant. The accuracy of the calibrated
sensors was within 0.07 K at LN, saturated temperature of the atmospheric pressure. Since the
differential temperature of the bearing coolant between the upstream and downstream was around 2.0
K, the error of the temperature sensors was about 3.5 % of measured differential temperature which is
the most influential factor for the bearing heat generation. Regarding accuracy of the pressure sensors,
the nonlinearity, hysteresis, and repeatability was within + 0.01 MPa, + 0.01 MPa, and + 0.005 MPa
which corresponded to less than 2.0 % of the coolant pressure. Accuracy of the turbine flowmeter
which was calibrated by using LN> was within + 0.0022 L/s which corresponded to less than 0.7 % of

the coolant flowrate.

Bearing coolant supply\

| ST

i] _____ _______________ Motor

_________________________ CCams [T N S )

/ - / \ I\‘
Shaft seal Testbearing Discspring Jigbearing Shaft seal

Fig. 23 Bearing tester for evaluating Bearing X in LCH4 and LN; environment.

3.2.1.4. Test conditions
The test conditions are summarized in Table 4. Bearing tests were conducted by changing the

rotational speed as a main test parameter. The maximum rotational speed in each coolant environment
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was set by the limitation of motor power.

A typical test sequence is shown in Fig. 24 with variations in rotational speed, temperature, pressure,
and mass flowrate as a function of time. Several conditions were arranged to meet desired test
conditions at lower rotational speed, and then the shaft speed was raised step by step. At each rotational
speed, the speed was kept constant to stabilize all conditions such as temperature and flowrate. Time-
averaged data for more than 5 s where all conditions were stabilized were used for evaluation. One
test sequence took around 1000 s. Several tests were conducted under different conditions to acquire
stable condition data. Before the bearing tests, the bearing coolant was fed into the bearing tester to
precool it until the tester filled with the coolant, which was confirmed by monitoring temperature data

inside the tester.

Table 4 Test conditions of Experiment P.

Parameter Value

Coolant LCH4

LN

Coolant pressure

1.16 ~ 1.60 MPa

1.03 ~ 1.15 MPa

Coolant inlet temperature

120.2 ~ 121.7 K

953 ~ 965 K

Coolant flow rate

0.129 ~ 0.154 kg/s

0.300 ~ 0.330 kg/s

Rotational speed

15203 ~ 51787 rpm

19917 ~ 40222 rpm

Thrust load

1000 N

1000 N
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Fig. 24 Typical test sequence of LCH4 experiments showing variation in rotational speed,

temperature, pressure, and flow rate as a function of time.

3.2.1.5. Test results

Heat generation data in LCH4 and LN, experiments are shown in Fig. 25. The plots show the

experimental data, and the lines indicate regression curves of the plots. In both conditions of coolants,

the heat generation exponentially increased with the rotational speed. This tendency on the speed is

caused by the characteristics of the heat source factors described in Chapter 2. The factors are

composed of friction heat generation and fluid heat generation, and both increase with the rotational

speed, considering their mechanisms.

In comparison between LCH4 and LN», increase of the heat generation with the rotational speed was

clearly lager in LN than in LCHa. For example, the heat generation at 40000 rpm was 1381 W in LN»

and 1110 W in LCH4, which indicates definite difference at the same rotational speed. As described in
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section 3.2, the friction heat generation at the same rotational speed should be the same regardless of
the coolant, considering the mechanism. In this test results, the friction heat generation at 40000 rpm
in both environments was less than 1110 W in LCH4 environment which included both the friction
heat generation and the fluid heat generation. The 271 W of differential heat generation should be
caused by the characteristics of fluid heat generation due to the difference of the fluid properties. For
instance, the density of the operating condition was 409.9 kg/m? for LCH4 at 120.9 K and 1.32 MPa
and 720.4 kg/m? for LN, at 95.1 K and 1.03 MPa, respectively. Since the difference of the heat
generation between LCH4 and LN, with the rotational speed, the fluid generation would account for

much larger portion of the entire heat generation in higher speed conditions.
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Fig. 25 Heat generation of Bearing X in Experiment P as a function of rotational speed.
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3.2.2. Summary of the heat generation in hybrid ceramic ball bearing of 25 mm inner
diameter

In all environments, the heat generation increased with the rotational speed. Comparing between the
coolant types, heat generation in LN, environment were larger than LCH4 environment since the
gradients to the rotational speed were dependent on the environment and larger in LN,. Comparing
heat generation at the same rotational speed condition by using the regression curves, the heat
generation data in LCH4 and LN; are 316 W and 374 W at 20000 rpm, and 1638 W and 2041 W at
50000 rpm. This indicates that the differences between the coolant types become larger in higher-
speed conditions. Considering the mechanisms of the heat generation, the differences should be caused
by the fluid heat generation since the friction heat generation would be almost the same value
regardless of the environment. As stated above, the differences of fluid heat generation are caused by
the differences of fluid properties such as density and viscosity. Each density and viscosity of the
coolants at the operating conditions are 724.1 kg/m? and 90.7 pPa-s for LN> and 410.0 kg/m? and 98.8
uPa-s for LCH4. Although the densities are much different in the environments, the viscosity of LN»
is cloth to LCHa.

The relationship between the heat generation estimated with the regression curves and the density is
shown in Fig. 26. The heat generation has positive correlation with the density. The bearings are
immersed in coolant while rotating, which contribute to improving the coolant’s kinetic energy in the
vicinity of the rotating bearing. In higher density environment, the kinetic energy improved by the
rotating bearing would be larger, which results in larger fluid heat generation. The relationship between
the heat generation estimated with the regression curves and the viscosity is shown in Fig. 26.
Comparing between LN, and LCHa4, the heat generation in LN> were larger even though the viscosity
is smaller. It indicates that the heat generation is dependent on the other parameter beside viscosity,

which led to larger heat generation in LN that is less viscous. In this case, the influence of density
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which is described above could be much more than that of viscosity. From the above, it is significantly
difficult to predict in simple relationship with fluid properties. For high-fidelity modeling of bearing

heat generation, the influences of fluid properties need to be considered in detail.
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Fig. 26 Heat generation of Bearing X in Experiment P as a function of density.
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3.3. Measurement of heat generation with hybrid ceramic ball bearing of 45 mm inner
diameter
3.3.1. Experiment Q: LCH4 and LH> environment
3.3.1.1. Test objective
In this test, a hybrid ceramic ball bearing of 45 mm inner diameter was evaluated to investigate
characteristics of its heat generation in LCH4 and LH» environment. The bearing coolant was supplied
in supercooled conditions from a pressurized tank to prevent from evaporating and perform enough

cooling capabilities.

3.3.1.2. Test bearing (Bearing Y)

Design parameters of the test bearing are shown in Table 1. The bearing is an angular ball bearing.

63



The material of balls is Si3Ny. It is a self-lubricating ball bearing with a retainer made of glass-cloth-

PTFE laminate [10].

3.3.1.3. Bearing tester

Bearing tester is shown in Fig. 28. Structure of the tester is almost the same as tester used in
Experiment P that is shown in Fig. 22. The only thing different is the shaft diameter.

Temperature was measured in LH, experiments using chromel-gold/iron alloy thermocouples which
perform high sensitivity and linearity in cryogenic environment. Type T thermocouples whose
measurement range include LN, temperature (around 77K) were used for LCH4 experiments.

The evaluation method of heat generation in the test bearing and the measurement uncertainty are

the same as described in section 3.2.1.3.
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Fig. 28 Bearing tester for evaluating Bearing Y in LCH4 and LH; environment.
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3.3.1.4. Test conditions

The test conditions are summarized in Table 5. Bearing tests were conducted by changing the
rotational speed as a main test parameter. The maximum rotational speed in each coolant environment
was set by the limitation of motor power.

A typical test sequence is shown in Fig. 29 with variations in rotational speed, temperature, pressure,
and mass flowrate as a function of time. Test conditions were arranged to meet desired test conditions
at lower rotational speed, and then the shaft speed was raised step by step. At each rotational speed,
the speed was kept constant to stabilize all conditions such as temperature and flowrate. Time-averaged
data for more than 5 s where all conditions were stabilized were used for evaluation in this study. One
test sequence took around 1000 s. Several tests were conducted under different conditions to acquire
stable condition data. Before the bearing tests, the bearing coolant was fed into the bearing tester to
precool it until the tester filled with the coolant, which was confirmed by monitoring temperature data

inside the tester.

Table 5 Test conditions of Experiment Q.

Parameter Value
Coolant LCH4 LH»
Coolant pressure 1.11 ~2.15 MPa 0.63 ~ 2.11 MPa
Coolant inlet temperature 117.6 ~122.6 K 263 ~ 30.2 K
Coolant flow rate 0.232 ~ 0.268 kg/s | 0.0371 ~ 0.0575 kg/s
Rotational speed 10136 ~ 25195 rpm 4552 ~ 35155 rpm
Thrust load 1000 N 1000 N
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Fig. 29 Typical test sequence of Experiment Q showing variation in rotational speed,

temperature, pressure, and flow rate as a function of time.

3.3.1.5. Test results

Rotational speed, rpm

Heat generation data in LCH4 and LH; experiments are shown in Fig. 30. In both conditions of

coolants, the heat generation exponentially increased with the rotational speed. This tendency on the

speed is caused by the characteristics of the heat source factors described in Chapter 2. They are

composed of friction heat generation and fluid heat generation, and both increase with the rotational

speed, considering their mechanisms.

In comparison between LCH4 and LH», increase of the heat generation with the rotational speed was

much larger in LCH4 than in LH». For example, the heat generation at 25000 rpm was 1572 W in LCH4

and 563 W in LH,, which indicates around 2.79 times difference at the same rotational speed. The

friction heat generation at the same rotational speed should be the same regardless of the coolant,
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considering the mechanism. In this test results, the friction heat generation at 25000 rpm should be
less than 563 W in LH; environment which included both the friction heat generation and the fluid
heat generation. Since the friction heat generation in LCH4 environment should be also less than 563
W as well, the fluid heat generation would be more than 1009 W which contributes to more than
64.2 % of the entire heat generation. Furthermore, since the difference of the heat generation between
LH> and LCH4 exponentially increased with the rotational speed, the fluid generation would account
for much larger percentage of the entire heat generation in higher speed conditions. Therefore, these
results indicate that it is much significant to precisely predict the fluid heat generation.

The difference induced by coolant type could be explained by the characteristics of fluid heat
generation that should be influenced by fluid properties such as density and viscosity as described in
section 3.2. For instance, the density of the operating condition was 414.3 kg/m? for LCH4 at 117.8 K
and 1.11 MPa and 63.0 kg/m?® for LH, at 26.4 K and 0.63 MPa, respectively. This indicates that the
density of LCHj4 is around 6.58 times as much as LH; and their fluid properties are significantly

different, which could result in difference of heat generation between coolant types.
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Fig. 30 Heat generation of Bearing Y in Experiment Q as a function of rotational speed.

3.3.2. Experiment R: High-temperature and high-pressure hydrogen environment
(warmed and pressurized LH»)

3.3.2.1. Test objective

In this test, a hybrid ceramic ball bearing of 45 mm inner diameter was evaluated to investigate the
characteristics of its heat generation in high-temperature and high-pressure hydrogen environment
which was supercritical condition because turbopump bearings are operated in such condition. This is
because temperature and pressure of bearing coolant that is bled from main propellant flow pumped
by an impeller are usually larger than LH> which is in supercooled or saturated state as stored in
propellant tanks since the total energy of the fluid is extensively gained by the impeller rotation. In
such supercritical condition, the property of hydrogen is easy to significantly change with temperature

and pressure. As described above, it is apparent that the property of bearing coolant has significant
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influences on heat generation. Therefore, in this bearing test, influences of bearing coolant property
on bearing heat generation in hydrogen were investigated by changing the coolant’s temperature and

pressure.

3.3.2.2. Test bearing

The same bearing as described in section 3.2.1.2 was used in this test.

3.3.2.3. Bearing tester

The same bearing tester as described in section 3.3.1.3 was used in this test as well. Pressure of the
bearing coolant was controlled by changing pressurizing gas pressure of a storage tank for the coolant.
Temperature of the coolant was increased by a heat exchanger set in the supply line of the bearing

coolant.

3.3.2.4. Test conditions

Test conditions are summarized in Table 6. Bearing tests were conducted by changing the coolant
temperature and pressure in addition to the rotational speed. The bearing thrust load by the disc springs
was larger than Experiment Q to investigate the influence of the load on the heat generation. The
coolant pressure and temperature were much higher than Experiment Q. In addition, their ranges were
much wider to change extensively the coolant properties such as density and viscosity. Color maps
indicating the phase diagram of hydrogen, the test conditions, and the fluid properties are shown in
Fig. 31. The maps show that the fluid properties substantially changed between test cases due to large
variation of the fluid temperature and pressure.

A typical test sequence is shown in Fig. 32 with variations in rotational speed, temperature, pressure,
and mass flowrate as a function of time. Several conditions were arranged to meet desired test
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conditions at lower rotational speed, and then the shaft speed was raised step by step. At each rotational
speed, the speed was kept constant to stabilize all conditions such as temperature, pressure, and
flowrate. Time-averaged data for more than 5 s where all conditions were stabilized were used for
evaluation in this study. One test sequence took around 800 s, and several tests were conducted under
different conditions to acquire stable condition data. Before the bearing tests, the bearing coolant was
fed into the bearing tester to precool it until the tester filled with the coolant, which was confirmed by

monitoring temperature data inside the tester.

Table 6 Test conditions of Experiment R.

Parameter Value
Coolant LH»
Coolant pressure 1.06 ~ 3.61 MPa
Coolant inlet temperature 30.5 ~ 46.6 K
Coolant flow rate 0.0184 ~ 0.0685 kg/s
Rotational speed 12700 ~ 46300 rpm
Thrust load 1900 N
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Fig. 32 Typical test sequence Bearing Y in Experiment R showing variation in rotational speed,

temperature, pressure, and flow rate as a function of time.

3.3.2.5. Test results

Heat generation data in high-temperature and high-pressure hydrogen experiments are shown in Fig.
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33. The heat generation increased with the rotational speed to the maximum value of 3149 W at 46000
rpm. This tendency on the speed can be explained by the characteristics of the heat source factors as
well as the results of Experiment Q. However, these test results were different with Experiment Q in
terms of the larger differences of the heat generation at the same rotational speed that was 905 W at
46000 rpm and 776 W at 42000 rpm. Such differences should be caused by factors other than rotational
speed conditions. In this test, the heat generation was evaluated by changing the coolant’s fluid
properties that were controlled by conditions of fluid temperature and pressure. Therefore, the test
results implies that the differences of the bearing heat generation were caused by the change of the
fluid properties.

Relationships of the heat generation with the density and the viscosity which are possible factors to
influence on the heat generation are shown in Fig. 34 and Fig. 35. It is apparent that these figures show
the definite correlation between these fluid properties and the heat generation and that the heat
generation increased with these properties. Moreover, the slope is larger in high-speed conditions. This
indicates that the influences of the properties’ changes had more significant impacts on the heat
generation in high-speed conditions. This characteristic was confirmed in Experiment Q. In this test,
the fluid properties were controlled by warming and pressurizing LH». Since the density and viscosity
change at the same time in such operation, the most critical parameter for the bearing heat generation
cannot be distinguished only by this test. However, at least it is apparent that the fluid heat generation
caused by fluid friction force due to shear force between moving wall and fluid changed with the fluid
properties, considering the mechanisms of the heat generation. From the above, the clarification of
mechanisms on the fluid heat generation and the precise prediction are important for construction of

the model on the bearing heat generation.
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Fig. 35 Heat generation of Bearing Y in Experiment R as a function of the fluid viscosity.

3.3.3. Summary of the heat generation in hybrid ceramic ball bearing of 45 mm inner
diameter

The summary of heat generation data measured by using Bearing Y is shown in Fig. 36. As described
above, each heat generation exponentially increased with the rotational speed regardless of the other
conditions such as the coolant fluid, the fluid properties, and the thrust load. For hydrogen environment,
the heat generation data measured in Experiment R was larger than Experiment Q. This is because the
friction heat generation was larger in Experiment R since the condition of the thrust load by the disc
springs was larger. As described in Chapter 2, ball load is higher in the bearing on larger thrust-load
conditions. The high load condition resulted in larger friction forces between races and balls, which
contributed to larger friction heat generation. In addition, the heat generation data measured in LCH4

were larger than Experiment R. As described in section 3.3.1, this is because the fluid properties are
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significantly different between LCH4 and LH».

The relationship between the density and the heat generation estimated with regression curves from
experimental data plots is shown in Fig. 37. The heat generation had positive correlation with the
density as well as the results of Bearing X as shown in Fig. 26. The relationship between the viscosity
and the heat generation estimated with the regression curves is shown in Fig. 38. The heat generation
also had positive correlation with the viscosity contrary to the results of Bearing X as shown in Fig.
27. Comparing between LCH4 and LH,, both the density and viscosity are remarkably different.
Therefore, only with these test results, it is difficult to identify which is the more influential factor to
the heat generation. However, considering the results with Bearing X, the density would be more

influential factor.

4000
A LCH, in Experiment Q
3500 | |O LH,inExperiment Q
O Hydrogen in Experiment R
o

3000 | Bg
g..
£ 2500 | og %
g 2000 ’
Q - [0)
: &8
(@] @
® 1500 | &
3]
T

1000 g

# g
2 B
500 . ®
%
0 o © 1 1 1 1
0 10000 20000 30000 40000 50000

Rotational speed, rpm
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3.4. Summary

Results of experiments which investigated the bearing heat generation in cryogenic environment
were parametrically evaluated and summarized in this chapter. Two types of bearings were tested in
LH», LCH4, and LN, environment and the bearing heat generation was measured. In all bearing types
and environments, the heat generation increased with the rotational speed. The gradient to the
rotational speed depended on the coolants and increased with the fluid density. This characteristic
would cause larger bearing heat generation in higher density fluid. The results of Bearing X
experiments under LCH4 and LN, environment identified that density of bearing coolant would have
strong relationship with the fluid heat generation. By conducting bearing tests under hydrogen
environment of several pressure and temperature conditions with Bearing Y, it was identified that
density and viscosity significantly influenced the fluid heat generation. In addition, it is considered
that the friction heat generation also significantly influences the entire heat generation especially in
lower density coolant since the fluid heat generation does not account more portion of heat generation
than higher density coolant. From the above, to construct high-fidelity modeling of heat generation in
cryogenic bearing, the mechanisms of not only fluid heat generation but also friction heat generation

need to be clarified quantitatively.
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Chapter 4. Fluid flow characteristics of bearing coolant for

cryogenic ball bearings
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4.1. Introduction

Turbopump ball bearings are operated inside propellant that is supplied as bearing coolant. This
indicates that bearing cavity is completely filled with the fluid. Therefore, the propellant in the vicinity
of the baring cavity is churned by rotating motion of the bearing elements. Fluid heat generation due
to drag and churning loss would occur with the bearing motion inside the coolant and contribute to
gaining the coolant energy and the rotational torque of the main shaft. In this study, the energy increase
is defined as fluid heat generation which is one of main heat generation factors of cryogenic ball
bearings.

In a few of previous studies about a modeling of heat generation in turbopump bearings, the fluid
heat generation is estimated by adopting simple empirical models of fluid drag force occurring on a
flat surface, which was studied in [53]. In [39], there were test cases where the difference between
experimental results and predicted values was clear, and the reason was not explained in the paper. It
can be considered that the simple models for the fluid heat generation are not enough accurate to
predict the fluid heat generation of cryogenic ball bearings. Also, in [54], there was a significant
difference between the experimental results and the numerical results on specific conditions. It was
pointed out that the difference could be caused by errors of the empirical models, and that fluid flow
in the vicinity of bearing elements was too complicated to calculate by using the simple models. Even
though there was one previous research by NASA which conducted ball bearing tests focusing on the
fluid heat generation of RP-1 turbopump bearing [55] , there has been no research performing CFD
analysis to predict the fluid heat generation of the cryogenic turbopump bearing coolant. Although
previous research conducted by NASA and JAXA performed CFD analysis of the bearing coolant fluid
flow, both studies focused on the differential pressure of the fluid flow between upstream and
downstream of rotating ball bearing, not on the fluid heat generation [9, 38].

Therefore, CFD analysis was performed in this study to clarify mechanisms of the fluid flow
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characteristics and to predict more accurately the fluid heat generation. The bearing models of Bearing
X and Y were adapted for the analysis. The calculation was conducted on several conditions to clarify
influences of bearing operating conditions, such as coolant types, coolant flowrate, and rotational

speed, on the fluid heat generation. Finally, the calculation results were parametrically summarized.

4.2. CFD analysis method

ANSYS FLUENT 2020 R1 was used as the CFD analysis solver in this study. Realizable k-epsilon
model was adopted as the turbulence model. Bearing coolant was considered as incompressible fluid.
The fluid properties that were needed for CFD analysis, such as density, viscosity, specific heat
capacity, and thermal conductivity, were calculated by using polynomial regression curves of data
from REFPROP [52]. The CFD analysis did not take into account phase change of the fluid.

Governing equations are as follows. Mass conservation equation:

dp ,
st . = 4
5 TV () =0 (40)
Momentum conservation equation:
a . -, 2
E(pv) +V-(pvv)=-Vp+V-(D)+F (41)
Energy equation:
a - ad _ >
S (PE)+ V- (VE +p)) = V| kepfVT — Z hi, + (Terr V) (42)
j

p is density, v is velocity, p is static pressure, T is stress tensor, F is external body force, ks
is effective conductivity, E is internal energy, T is temperature, h is enthalpy, and ]_; is diffusion

flux of species.
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4.3. CFD analysis on Bearing X
4.3.1. Analysis model

3D models used for CFD analysis are shown in Fig. 39. One ball was included in the calculation
domain which corresponds to 36 degrees for Bearing X out of the whole fluid geometry. Periodic
boundary conditions were applied to the side walls. It was considered that all walls had no slip with
the fluid at their surfaces. Virtual gaps that do not exist in real bearings were set in the contact region
between the races and the ball to simplify the mesh generation. The gaps would not significantly
influence calculation results of fluid heat generation because volume occupied by the gap is slight.
Steady-state calculation was performed in the rotational coordinate system which rotated at the same
velocity as the ball revolution motion. The inlet boundary condition was defined as constant pressure.
The outlet boundary condition was defined as constant flowrate. Friction heat and the wall heat transfer
were not taken account in this calculation to evaluate only the fluid heat generation.

The mesh quality was evaluated in terms of grid dependency on the fluid heat generation. The
calculation results are shown in Fig. 40. The fluid heat generation asymptotically approached to around
850 W with mesh quality. Considering efficiency of the analysis in terms of solving time and mesh
quality, 6.9 E-12 m? averaged element size which contributes to less than 0.25 % difference of heat

generation from the minimum element size condition was selected in this study.
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4.3.2. Analysis condition

Analysis conditions are listed in Table 7. The bearing test results mentioned in Chapter 3 indicate
that the heat generation in turbopump bearings strongly depends on the rotational speed and the fluid
properties such as fluid density. Therefore, LH>, LCH4, and LN; were set as the bearing coolant in this
analysis to simulate the experimental conditions. The cases X-1 to X-8 were calculated in LH»
environment to investigate differences from Bearing Y. The cases X-8 to X-15 were calculated on
close conditions with the experimental conditions to compare the analysis results with the
experimental ones. The case X-16 were calculated by changing the flow directions from X-7 to
investigate an influence of flow direction. The cases X-17 to X-20 were calculated by changing the

mass flowrate from X-15 to investigate an influence of mass flowrate.
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Table 7 Analysis conditions of Bearing X.

Analysis | Bearing | Mass flowrate | Inlet pressure | Inlet temperature | Rotational speed Flow
case coolant [keg/s] [MPa] K] [rpm] direction
X-1 LH» 0.00503 1.25 24.8 0 Forward
X-2 LH> 0.00503 1.25 24.8 20000 Forward
X-3 LH» 0.00503 1.25 24.8 40000 Forward
X-4 LH> 0.00503 1.25 24.8 60000 Forward
X-5 LH» 0.00503 1.25 24.8 80000 Forward
X-6 LH» 0.00503 1.25 24.8 100000 Forward
X-7 LH> 0.00503 1.25 24.8 120000 Forward
X-8 LCH4 0.0139 1.43 120.9 0 Forward
X-9 LCH4 0.0139 1.43 120.9 20000 Forward
X-10 LCH4 0.0139 1.43 120.9 40000 Forward
X-11 LCH4 0.0139 1.43 120.9 60000 Forward
X-12 LN» 0.0307 1.11 94.5 0 Forward
X-13 LN» 0.0307 1.11 94.5 20000 Forward
X-14 LN» 0.0307 1.11 94.5 40000 Forward
X-15 LN, 0.0307 1.11 94.5 60000 Forward
X-16 LH> 0.00503 1.25 24.8 120000 Backward
X-17 LN> 0.06 1.11 94.5 60000 Forward
X-18 LN> 0.09 1.11 94.5 60000 Forward
X-19 LN» 0.12 1.11 94.5 60000 Forward
X-20 LN» 0.15 1.11 94.5 60000 Forward

4.3.3. Analysis results
4.3.3.1. Fluid flow characteristics

CFD results of velocity distribution of Bearing X in LH, environments are shown in Fig. 41. The
color maps show the tangential velocity distribution, and the arrows show the meridional velocity. The
tangential velocity near moving wall such as the shaft, the inner race, the retainer, the ball tended to
be higher due to effects of viscosity while the velocity near the stationary outer race was lower. The

fluid flow near the contact area between the inner race and the ball was extensively accelerated since
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the walls moving fast were facing with each other. 6 points described as (a) ~ (f) in the figure show
recirculation zones in the vicinity of the bearing. Recirculation zones (a) and (b) in the upstream of
the bearing were caused by rotational flow accelerated by the moving walls and converging to outer
side due to its centrifugal force. Recirculation zone (c) was the fluid flow entering into the inner race’s
groove and did not have significant influences on the main coolant flow since the recirculation flow
was closed only inside the groove. Recirculation zones (d) and (e) in the downstream of the bearing
originated from tangential flow accelerated by passing through the rotating ball bearing which
contributed to centrifugal force. Although (d) and (e) were similar flow structure to the recirculation
zones (a) and (b), they were more developed vortexes since the color maps indicated that the tangential
flow of the downstream was faster than the upstream. Recirculation zone (e) which was one of the
developed vortexes resulted in reverse flow that went from the downstream to the ball and the inner
race, which contributed to generating recirculation zone (f). The fluid flow in the downstream of the
bearing indicated that the inner race and the ball would be cooled by such reverse fluid flow. The fluid
flow characteristics described above were common among all rotational speed conditions although the
CFD results showed that the tangential flow which contributed to generating centrifugal force causing
the recirculation zones was developed in higher-speed conditions. Averaged tangential velocity data
at several axial positions in X-7 are shown in Fig. 42. The tangential velocity increased from 35.7 m/s
at the upstream to 97.2 m/s at the center of the bearing and decreased to 58.8 m/s at the downstream.
This result indicates that the tangential flow was accelerated from 35.7 m/s to 58.8 m/s by passing
through the rotating ball bearing, which contributed to generating the recirculating zone stated above
and gaining the kinetic energy of the fluid flow.

Temperature distribution data of Bearing X in LH, environment are shown in Fig. 43. The
temperature of the fluid increased in the vicinity of moving walls such as the shaft, the inner race, the

retainer, the ball. This is because the fluid was heated near the walls by fluid friction of shear force
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occurring between the fluid and the moving walls which were rotating much faster than the
surrounding fluid due to the fluid viscosity. Additionally, the figures show that temperature increased
near the stationary outer race. The temperature rise was also caused by fluid friction of shear force
occurring between the stationary wall and the fluid which was accelerated by the moving walls due to
the fluid viscosity. These fluid friction phenomena caused by the differential velocity between the fluid
and the walls contributed to raising temperature of the fluid passing through the rotating ball bearing.
The figure shows that this temperature rise increased with the rotational speed, which contributed to
increasing the internal energy of the fluid flow. Averaged temperature data of the tangential flow at
several axial positions in X-7 are shown in Fig. 44. The temperature drastically increased at the center
of the rotating ball bearing, which contributed to 2.1 K increase from 26.1 K at the upstream to 28.1
K at the downstream.

Pressure distribution data of Bearing X in LH, environment are shown in Fig. 46. Although the
distribution at the upstream was relatively uniform, the fluid pressure at the downstream increased in
the radial direction. The pressure distribution at the downstream was caused by the tangential fluid
flow stated above which contributed to generating centrifugal force and pressurizing the fluid toward
outer side of the rotation. The pressure in the region near the contact area between the ball and the
inner race was decreased. This was caused by much faster fluid flow which contributed to decreasing
the static pressure by Bernoulli's principle. The figures indicate that there was high-pressure region
inside the retainer pocket. This is because the fluid flow in the vicinity of the rotating bearing was
extensively accelerated by moving walls inside the pocket, which contributed to gaining the fluid
energy that increased the static pressure. Averaged pressure data of the rotational flow at several axial
positions in X-7 are shown in Fig. 46. The pressure at the upstream gradually decreased near the
rotating bearing from 1.15 MPa at Z = -20 to 1.13 MPa at Z = -5, which was caused by the increased
velocity in both the rotational direction and the axial direction decreasing the static pressure. At the
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center of the rotating bearing, the pressure drastically increased to 1.18 MPa because of the high-
pressure region inside the retainer pocket described above. The pressure at Z = 5 that was just
downstream of the bearing rapidly decreased to 1.09 MPa due to the accelerated fluid flow by the
rotating bearing. In the downstream of Z = 5, the static pressure was recovered because the passage
area of the cross section increased, and the fluid velocity was decelerated. The net pressure change of
the fluid flow was 0.01 MPa drop from 1.15 MPa to 1.14 MPa by passing through the rotating bearing.
From the above, it was found that the uniformity of the pressure distribution significantly changed
from the upstream to the downstream although the averaged value of the pressure was not significantly
changed.

The fluid heat generation of Bearing X is shown in Fig. 47. The heat generation exponentially
increased with the rotational speed to 1269 W at 120000 rpm. The regression curve shown as dotted
line in the graph indicates that the heat generation was approximately proportional to the cube of the
rotational speed, which can be explained by the mechanisms of the fluid heat generation as follows.
The fluid heat generation was caused by shear force occurring between bearing elements’ walls and
the surrounding fluid. Therefore, it is equal to energy loss generated by fluid drag force on rotating
bearing elements. The energy Epp,iq 1S expressed as follows.

Eruia = Tglemts X WEglements (43)

Triements 1S torque on bearing elements around their rotational axes, and Wgiements 1S angular
velocity of bearing elements.

Tgiements = Retements X Fruid drag (44)

Rpiements 18 radius of bearing elements. Friyig arag 18 drag force on bearing elements and can be

expressed as follows because it is proportional to the square of the differential velocity between wall

and fluid according to [53].
Friyid arag & P®giements” (45)
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From the above,

Erpuia 1oss % PWgiements® (46)
Considering these physical mechanisms of fluid energy loss, main factor of fluid heat generation
should be torque of bearing elements about their rotational axes. The torque data of Bearing X’
elements in LH» environment are shown in Fig. 48. Each torque increased with the rotational speed.
The torque of the inner race whose velocity was the maximum in all elements was the largest, followed
in order by the outer race, the retainer, and the ball. The torque of the ball was the smallest because
the surface area was much smaller than the others although the rotational velocity was the maximum
as well as the inner race. The outer race generated comparable torque with the inner race and the

retainer due to differential velocity with surrounding fluid although it is a stationary element.
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4.3.3.2. Influences of bearing coolant fluid

CFD results of velocity distribution of Bearing X in LH>, LCH4, and LN, environments are shown
in Fig. 53. The distribution of the tangential velocity and the meridional velocity was almost the same
in all fluid conditions, which contributed to the same fluid flow characteristics of the recirculation
zones and the reverse flow described in section 4.3.3.1. This result indicates that the coolant fluid
conditions had little influences on the velocity field characteristics. Averaged tangential velocity data
at several axial positions in X-4, X-11, and X-15 are shown in Fig. 50. The averaged tangential velocity
was not significantly influenced by the coolant fluid conditions as well as the velocity field
characteristics.

Averaged temperature data at several axial positions in X-4, X-11, and X-15 are shown in Fig. 51.

The graph shows temperature differences from Z = 20 in each fluid condition to evaluate temperature
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increase due to flowing through the rotating bearing because the fluid absolute temperature is
significantly different from each other. In all fluid conditions, the fluid temperature suddenly increased
when flowing through the rotating bearing, which is the same characteristic as stated in section 4.3.3.1.
The increase amounts were dependent on the fluid conditions. The increase from Z = -20 to Z = 20
was 3.07 K in LN, 2.51 K in LCH4, and 0.34 K in LH,, respectively. This indicates that the
temperature increase was larger in higher density fluid. It was caused by the characteristics of the fluid
heat generation which was described in Equation (46).

Averaged pressure data at several axial positions in X-4, X-11, and X-15 are shown in Fig. 52. The
graph shows pressure differences from Z = 20 in each fluid condition to evaluate pressure change due
to flowing through the rotating bearing. In all fluid conditions, fluid pressure was significantly low in
the vicinity of the rotating bearing (Z = -5 and Z = 5) and suddenly increased at the center of the
bearing (Z = 0), which is almost the same characteristic as stated in in section 4.3.3.1. The pressure
difference from Z=-20to Z=201is -0.021 MPa in LN>, -0.012 MPa in LCH4, and -0.004 MPa in LH>,
respectively. The pressure differences due to flowing through the rotating bearing were dependent on
the fluid conditions, and the changes were larger in higher density fluid. This is because the pressure
changes were influenced by pressure loss due to fluid drag. In general, pressure loss due to fluid drag
is proportional to PWgiements>- Considering that the characteristics of velocity distribution were
almost the same regardless of the fluid conditions as shown in Fig. 53, the pressure loss should be
proportional to p, which was consistent with the CFD results.

Fluid heat generation data in all fluid conditions are shown in Fig. 53. The fluid heat generation
exponentially increased with the rotational speed in all fluid conditions. The increase amounts
significantly depended on the fluid conditions. The fluid heat generation at 60000 rpm is 2128 W in
LNa, 1256 W in LCH4, and 209 MPa in LH,, which indicates that the heat generation was larger in
higher density fluid. This is because the fluid drag force was proportional to fluid density according
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to Equation (45). Therefore, according to Equation (46), the fluid heat generation is proportion to

the fluid density and the cube of the rotational speed. The characteristics of the fluid heat generation

should influence the temperature increase stated above.
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Fig. 49 Velocity distribution of Bearing X coolant in LH,, LCH4, and LN; (color maps:

tangential velocity, arrows: tangential velocity) (CFD results).
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4.3.3.3. Influences of flow direction

CFD results of velocity distribution of LH; around Bearing X in X-7 and X-16 are shown in Fig. 54.
The color maps show the tangential velocity distribution, and the arrows show the meridional velocity.
The fluid flow structure on the backward condition was similar to the forward condition described in
section 4.3.3.1. 5 points described as (a) ~ (e) in the figure show recirculation zones in the vicinity of
the bearing. Recirculation zones (a) and (b) in the upstream of the bearing were caused by rotational
flow which was accelerated by the moving walls and heading towards outer side due to its centrifugal
force. The recirculation zone (b) generated reverse flow between the retainer and the inner race in the
upstream of the bearing. Recirculation zone (c) was the fluid flow entering into the inner race’s groove
and did not have significant influences on the main coolant flow since the recirculation flow was
closed only inside the groove. Recirculation zones (d) and (e) in the downstream of the bearing
originated from tangential flow accelerated by passing through the rotating ball bearing which
contributed to centrifugal force. Although (d) and (e) were similar flow structure to the recirculation
zones (a) and (b), they were more developed vortexes since the color maps indicate that the tangential
flow of the downstream was faster than the upstream. As described in section 4.3.3.1, reverse flow
was generated in the downstream of the bearing on the forward condition although no reverse flow
was generated there on the backward condition. This suggests that the cooling capability on the
backward condition would be superior to the forward condition since higher-temperature fluid in the
downstream would not reverse to the bearing friction area which needs cooling capability of the
coolant.

Averaged tangential velocity data at several axial positions in X-7 and X-16 are also shown in Fig.
54. The tangential velocity increased by flowing through the rotating bearing on both forward and
backward conditions, which contributed to generating the recirculating zone stated above and gaining
kinetic energy of the fluid flow. Although the tangential velocities in the vicinity of the bearing were
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different between those conditions, the increase amount of the velocity was almost the same.

Temperature distribution and averaged temperature data at several axial positions in X-7 and X-16
are shown in Fig. 55. The temperature suddenly increased by flowing through the rotating bearing on
both forward and backward conditions, which contributed to increasing internal energy of the fluid
flow. The increase amount of the temperature on the backward condition was almost the same as the
forward condition.

Pressure distribution and averaged pressure data at several axial positions in X-7 and X-16 are shown
in Fig. 56. Although the pressure slightly decreased by flowing through the rotating bearing on the
forward condition as described in section 4.3.3.1, the pressure increased on the backward condition.
The distribution indicates that the un-uniformity of the pressure in the downstream was stronger on
the backward condition. This is because the coolant flow heading towards outer side of the cavity was
formed due to the inner race groove shape on the backward condition. Additionally, the flow velocity
as accelerated because the passage area decreases along with the flow direction due to the inner race
shape. It is considered that flow structure accelerated towards outer side as the backward flow
condition contributed to increasing the fluid flow pressure due to the same mechanism as centrifugal
pumps. This is why the pressure on the backward condition increased from the upstream to the
downstream, which contributes to increasing the fluid energy.

The fluid heat generation was 1269 W on the forward condition and 1290 W on the backward
condition, respectively. The heat generation on the backward condition was slightly larger than the
forward condition because the fluid energy was increased on the backward condition due to the inner
race groove shape as stated above. However, the difference between the conditions was just 1.69 %.

From the above, it was found that the flow direction condition influenced the pressure distribution

especially in the downstream of the bearing although an impact on the fluid heat generation was slight.
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4.3.3.4. Influences of coolant’s mass flowrate

The fluid heat generation of Bearing X in X-15, -17, -18, -19, and -20 is shown in Fig. 57. The heat

generation increased with the flowrate, and the increase amount was roughly proportion to the flowrate.
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This is caused by the flow velocity which contributes to the fluid drag. Averaged axial velocity data at
several axial positions in X-15, -17, -18, -19, and -20 are shown in Fig. 58. The velocity on larger
flowrate condition was higher because the flow passage area was the same. It is considered that the
characteristics of the velocity should influence the fluid heat generation. Additionally, the increase of
the fluid heat generation with flowrate was also caused by increase of fluid momentum, considering
Equation (41). This is because the momentum which is gained by the rotating bearing is proportion

to the flowrate.
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4.4. CFD analysis on Bearing Y
4.4.1. Analysis models

3D models used for CFD analysis is shown in Fig. 59. One ball was included in the calculation
domain which corresponded to 36 degrees for Bearing Y out of the whole fluid geometry. The periodic
boundary condition was applied to the side wall. Virtual gaps that do not exist in real bearings were
set in the contact region between the races and the ball to simplify the mesh generation. The gaps
would not significantly influence calculation results of fluid heat generation because volume occupied
by the gap is slight. The steady-state calculation was performed in the rotational coordinate system
which rotated at the same velocity as the ball revolution motion. The inlet boundary condition was

defined as the constant pressure. The outlet boundary condition was defined as the constant flowrate.
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The friction heat and the wall heat transfer were not taken account in this calculation to evaluate only
the fluid heat generation.

The mesh quality was set in the same element size as Bearing Y analysis.
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Fig. 59 3D models used for CFD analysis for Bearing Y.
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4.4.2. Analysis condition

The analysis conditions are listed in Table 8. The bearing test results mentioned in Chapter 3 indicate
that the heat generation in turbopump bearings strongly depended on the rotational speed and the fluid
properties such as fluid density. Therefore, LH, and LCH4 were set as the bearing coolant in this
analysis to simulate the experimental conditions. The cases Y-1 to Y-12 were calculated on close

conditions with the experimental conditions to compare the analysis results with the experimental ones.

Table 8 Analysis conditions of Bearing Y.

Analysis | Bearing | Mass flowrate | Inlet pressure | Inlet temperature | Rotational speed Flow
case coolant [kg/s] [MPa] K] [rpm] direction
Y-1 LH> 0.00327 1.66 27.8 0 Forward
Y-2 LH» 0.00327 1.66 27.8 10000 Forward
Y-3 LH» 0.00327 1.66 27.8 20000 Forward
Y-4 LH» 0.00327 1.66 27.8 30000 Forward
Y-5 LH» 0.00327 1.66 27.8 40000 Forward
Y-6 LH» 0.00327 1.66 27.8 50000 Forward
Y-7 LCH4 0.0198 1.52 120.2 0 Forward
Y-8 LCH4 0.0198 1.52 120.2 10000 Forward
Y-9 LCH4 0.0198 1.52 120.2 20000 Forward
Y-10 LCH4 0.0198 1.52 120.2 30000 Forward
Y-11 LCH4 0.0198 1.52 120.2 40000 Forward
Y-12 LCH4 0.0198 1.52 120.2 50000 Forward

4.4.3. Analysis results
4.4.3.1. Fluid flow characteristics

CFD results of velocity distribution of Bearing Y in LH» environments are shown in Fig. 60. The
color maps show the tangential velocity distribution, and the arrows show the meridional velocity. The
tangential velocity near moving wall such as the shaft, the inner race, the retainer, the ball tended to

be higher due to effects of viscosity although the velocity near the stationary outer race was lower.
108




The fluid flow near the contact areas between the raceways and the ball was extensively accelerated
since the walls moving fast were facing with each other. 5 points described as (a) ~ (e) in the figure
show recirculation zones in the vicinity of the bearing. Recirculation zone (a) in the upstream of the
bearing was caused by rotational flow that was accelerated by the moving walls and heads towards
outer side due to its centrifugal force. Recirculation zone (b) was the fluid flow entering into the inner
race’s groove and did not have significant influences on the main coolant flow since the recirculation
flow was closed only inside the groove. Recirculation zone (c) was formed by the fluid flow colliding
with the rotating ball and also had few impacts on the main coolant flow since the size was significantly
small. Recirculation zones (d) and (e) in the downstream of the bearing originated from tangential
flow accelerated by passing through the rotating ball bearing which contributed to centrifugal force.
Although (d) and (e) were similar flow structure to the recirculation zones (a) and (b), they were more
developed vortexes since the color maps indicate that the tangential flow of the downstream was faster
than the upstream. Recirculation zone (e) which was one of the developed vortexes results in reverse
flow that went from the downstream to the ball and the inner race. Averaged tangential velocity data
at several axial positions in Y-2, -4, and -6 are also shown in Fig. 60. The tangential velocity was
accelerated by passing through the rotating ball bearing, which contributed to generating the
recirculating zone stated above and gaining the kinetic energy of the fluid flow. The tangential velocity
was larger in higher speed conditions. On 50000 rpm condition, the velocity was accelerated from 28.0
m/s at Z = -20to 50.8 m/s at Z = 20.

Temperature distribution data of Bearing Y in LH> environment are shown in Fig. 61. The
temperature increases in the vicinity of the bearing were caused by differential velocity between the
fluid and the walls of the rotating bearing elements. The figure shows that this temperature rise
increased with the rotational speed, which contributed to increasing the internal energy of the fluid
flow. Averaged temperature data of the tangential flow at several axial positions in Y-2, -4, -6 are also
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shown in Fig. 61. The temperature drastically increased near the center of the ball, which contributed
to 1.24 K increase on the 50000 rpm condition.

Pressure distribution data of Bearing Y in LH> environment are shown in Fig. 62. Although the
distribution at the upstream was relatively uniform, the fluid pressure at the downstream increased in
the radial direction. The pressure distribution at the downstream was caused by the tangential fluid
flow stated above which contributed to generating centrifugal force and pressurizing the fluid toward
outer side of the rotation. The pressure near contact areas between the ball and the raceways was
decreased. This was caused by much faster fluid flow there which contributed to decreasing the static
pressure by Bernoulli's principle. The figures indicate that there was high-pressure region inside the
retainer pocket. This is because the fluid flow in the vicinity of the rotating bearing was extensively
accelerated by moving walls inside the pocket, which contributed to gaining the fluid energy that
increased the static pressure. Averaged pressure data of the rotational flow at several axial positions in
Y-2, -4, -6 are also shown in Fig. 62. The graph shows pressure differences from Z = - 20 in each
condition to evaluate pressure change due to flowing through the rotating bearing. The pressure at the
upstream did not change until the fluid flow enters narrow area between the inner race and the retainer.
AtZ=-7.5, the pressure differences decreased by the increased velocity in both the rotational direction
and the axial direction decreasing the static pressure. Near the ball center, the pressure differences
drastically increased to +0.018 MPa because of the high-pressure region inside the retainer pocket
described above. The pressure differences at Z = 7.5 that was just downstream of the bearing rapidly
decreased due to the accelerated fluid flow by the rotating bearing. In the downstream of Z = 7.5, the
static pressure was recovered because the passage area of the cross section increased, and the fluid
velocity was decelerated. The net pressure difference of the fluid flow was +0.010 MPa increase by
passing through the rotating bearing. It was the opposite result to CFD analysis of Bearing X which

indicated pressure drop as described in section 4.3.3.1. As stated above, there are two factors of the
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fluid flow characteristics which have impact on the fluid pressure. One is passing through narrow area
between the inner race and the retainer, which contributes to pressure loss. The other one is
acceleration of the tangential velocity by flowing through the rotating bearing, which contributes to
increasing the fluid energy and pressure. Both factors would be considered by the analysis results of
the pressure, resulting in pressure rise at the downstream of Bearing Y. It is considered that the pressure
rise is dominantly caused by the bearing geometry. The size of Bearing Y is larger than Bearing X,
which could contribute to larger area between the inner race and the retainer and relatively smaller
pressure loss there. It was found that the bearing geometry had influences on the fluid flow pressure
which has significant impacts on turbopump inner flow field.

The fluid heat generation of Bearing Y is shown in Fig. 63. The heat generation exponentially
increased with the rotational speed to 777 W at 50000 rpm. The regression curve shown as dotted line
in the graph indicate that the heat generation was proportional to the cube of the rotational speed,
which was explained by the mechanisms of the fluid heat generation in section 4.3.3.1. The torque
data of Bearing X’ elements in LH» environment are shown in Fig. 64. Each torque increased with the
rotational speed. The torque of the inner race was the maximum in all elements is the largest, followed
in order by the outer race, the retainer, and the ball. The torque of the ball was the smallest because
the surface area was much smaller than the others although the rotational velocity was the maximum
as well as the inner race. The outer race generated comparable torque with the inner race due to

differential velocity with surrounding fluid although it was a stationary element.
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4.4.3.2. Influences of bearing coolant

Averaged temperature data at several axial positions in Y-6 and Y-12 are shown in Fig. 65. The graph
shows temperature differences from Z = 20 in each fluid condition to evaluate temperature increase
due to flowing through the rotating bearing because the fluid absolute temperature is significantly
different from each other. In both fluid conditions, the fluid temperature suddenly increased when
flowing through the rotating bearing, which was the same characteristic as stated in section 4.3.3.1.
The increase amounts were dependent on the fluid conditions. The increase from Z = -20 to Z = 20
was +6.12 K in LCH4, and +1.24 K in LH>, respectively. This indicates that the temperature increase
was much larger in higher density fluid as well as the analysis results of Bearing X.

Averaged pressure data at several axial positions in Y-6 and Y-12 are shown in Fig. 66. The graph
shows pressure differences from Z = 20 in each fluid condition to evaluate pressure change due to
flowing through the rotating bearing. In both fluid conditions, fluid pressure was significantly low in
the vicinity of the rotating bearing (Z = -7.5 and Z = 7.5) and suddenly increased at the center of the
bearing (Z = 0), which was almost the same characteristic as stated in in section 4.4.3.1. The pressure
difference from Z = -20 to Z = 20 was +0.067 MPa in LCH4, and +0.010 MPa in LH,, respectively.
The pressure differences due to flowing through the rotating bearing were dependent on the fluid
conditions were larger in higher density fluid as well as the analysis results of Bearing X.

Fluid heat generation data in both fluid conditions are shown in Fig. 67. The fluid heat generation
exponentially increased with the rotational speed in both conditions. The increase amounts
significantly depended on the fluid conditions. The fluid heat generation at 50000 rpm was 5723 W in
LCH4, and 777 MPa in LH», which indicates that the heat generation was much larger in higher density

fluid as well as the analysis results of Bearing X.

116



Legend  Bearing coolant
o LH, +6.12 K
6 t (o) LCH,
!_5 i
Q
(2}
@
ot
c4 |
£
=
3
®3
—
[
£
22
1 F
0 & !

-25 -20 -15 -10 -5 0 5 10 15 20 25
Axial position, mm

Fig. 65 Averaged temperature difference from Z =-20 in Y-6 and Y-12 as a function of axial

position (CFD results).
0.15 .
Legend Bearing coolant
O LH,
01 r © Lo

©
o
= 005 |
[0
[&]
c
o
£ O
o
g
-
$-0.05
o
o

-01 +

_015 1 1 1 1 1 1 1 1 1

-25 -20 -15 -10 -5 0 5 10 15 20 25

Axial position, mm
Fig. 66 Averaged pressure difference from Z = -20 in Y-6 and Y-12 as a function of axial
position (CFD results).

117



7000

Legend Bearing coolant
O LH, ;
6000  © LeH,
8
£ 5723 W
= 5000 |
c
i)
]
$ 4000
c
()
(@]
w© 3000 | ©
(0]
e
o
=]
= 2000
1000 + -
0 10000 20000 30000 40000 50000 60000

Rotational speed, rpm
Fig. 67 Fluid heat generation of Bearing Y in LH; and LCH4 environments as a function of

rotational speed (CFD results).

4.5. Comparison between 25 mm bearing and 45 mm bearing

Fluid heat generation data of Bearing Y and B in LH; and LCHj4 are shown in Fig. 68. The fluid heat
generation exponentially increased with the rotational speed in all conditions. The increase amounts
significantly depended on both the bearing size and the fluid conditions. The influence of the bearing
size was significantly larger in higher density fluid conditions. Fluid heat generation in LCH4
environment at 50000 rpm was 5723 W for Bearing Y and 654 W for Bearing X, which indicates 8.75
times difference by the bearing size. This significant difference was caused by surface areas which

had linear relationship with fluid drag force according to [53].
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4.6. Summary

The fluid heat generation which is one of the heat generation factors in cryogenic bearings was
quantitatively investigated by performing CFD analysis in this chapter. Since the characteristics of the
fluid heat generation would be influenced by several conditions such as bearing size, rotational speed,
coolant fluid, fluid flow direction, and coolant flowrate, the analysis conditions were set by changing
these conditions. Bearing X and Bearing Y were used as the calculation models to compare with
experimental results in later chapter. Bearing operating conditions were set on several values including
the experimental conditions.

Distribution of velocity, temperature, and pressure which have significant impact on fluid heat

generation were remarkably complicated and changed with operating conditions. The CFD results
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visualized complex characteristics of the fluid flow in the vicinity of bearing cavity. In particular,
recirculation zones were formed in the downstream and upstream of the bearing cavity on all
conditions. Therefore, the bearing coolant flow was too complicated to predict by adopting simple
empirical equations for flat surfaces’ fluid flow.

The method for evaluation of the fluid heat generation mentioned in this chapter contributes to
improving fidelity of the model for the heat generation of turbopump bearings and optimization of the

geometry design in terms of the fluid heat generation.
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Chapter 5. Friction characteristics of bearing material under

cryogenic environment
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5.1. Introduction

Polytetrafluoroethylene (PTFE) is well-known as a solid lubricant because of its excellent lubrication
performance. Many studies have been conducted to clarify the wear and friction characteristics against
the other material such as metals [56-61]. Makinson et al. conducted PTFE friction experiments and
identified that when PTFE slides on clean surfaces there is strong adhesion at the interface [62]. This
adhesion leads to transfer of polymer from PTFE to the other surface. Consequently, the friction
characteristics are dominated by the shearing phenomena of the slices within PTFE’s crystal structure
clarified by Bunn [63] and Speerschneider [64] as shown in Fig. 69 and Fig. 70. Therefore, the PTFE
transfer to the counterface is considered as the significant characteristics for the friction and wear
property. This is why the transfer mechanism has been studied. Cadman et al. identified the presence
of metal fluoride on the metal surface after rubbing against PTFE by conducting X-ray Photoelectron
Spectroscopy (XPS) analysis [65]. De-Li also researched the wear and transfer mechanisms [66-68]
and clarified that the binding between PTFE transfer film and metallic surface is chemical binding and
not of a von der Waals nature. Furthermore, the bonds to the metal is via fluorine atoms of the metal
fluoride formed on the metal surface during rubbing with PTFE. Also, his experimental results suggest
that the fluorine atoms in PTFE possess enough ability to react with active metallic atom in the metal
oxide and to form active metal fluoride under the friction test conditions. The chemical reaction
process of PTFE friction was discussed by Jintang [60] and Zuo [69]. In the process, PTFE is deformed
and broken due to the friction energy, producing molecule radicals. F-ions generated from the
breakdown process react with metal oxide or fresh metal surface to form metal fluorides.

The friction characteristics under cryogenic environment have also been studied [70, 71]. This is
because PTFE is applied to cryogenic machines in which general lubricants including oil cannot be
used since they would freeze due to the low temperature environment. Hiibner et al. constructed a

cryogenic tribometer that can conduct friction tests under low temperature gaseous or liquid
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environment in the temperature range from 4.2 K to room temperature and obtained data on the friction
and wear properties [72]. Theiler et al. investigated tribological behavior of PTFE composites at low
temperature and the test pieces were examined by conducting chemical surface analyses [73]. They
revealed that iron fluorides were formed at the steel surface during the friction under cryogenic
environment as well as the studies in room temperature stated above.

Cryogenic turbopumps used in liquid rocket engines are one of such cryogenic machines. Cryogenic
ball bearings supporting the main shaft of the turbopump are lubricated by PTFE because adequate
loading capability and high-speed performance are required, considering the severe operating
conditions of rocket engine turbopumps [12, 13]. They are self-lubricating ball bearings which use a
glass cloth-PTFE laminate retainer [ 10] and one of the most significant parts in an entire rocket system
because turbopump bearing failures can cause catastrophic problems involving rocket engine systems.
This is why turbopump bearings have been intensively researched by each space agency for a long
time. In the Space Shuttle program, NASA had deeply conducted bearing research regarding bearing
coolant flow pattern and rolling element material for improving the bearing’s wear-resistance
performance [6, 7, 9]. JAXA has researched cryogenic ball bearing technologies for development of
Japanese flagship launch vehicles [11, 14]. However, these studies were heavily based on experimental
approaches that take numerous time and costs. Therefore, performance models of turbopump bearings
have been constructed by NASA[39] and JAXA[54] as well as conventional bearings [31-33, 74] in
recent years in order to design and evaluate the bearing performance more properly and efficiently
than the conventional approach where many experiments are conducted. The models are based on
previous studies of bearing analysis [23-25] and can estimate the turbopump bearing performances
such as heat generation without carrying out any experiments. To improve the fidelity of the model,
the friction characteristics of cryogenic ball bearings under several friction conditions need to be
precisely clarified.
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Turbopump ball bearings are operated in cryogenic propellant such as liquid oxygen (LOX), liquid
hydrogen (LH>), and liquid methene (LCHs). Viscosity of such cryogenic propellant is too low to
perform hydrodynamic lubrication [34]. Therefore, the rolling elements and races contact directly with
each other at friction areas unlike hydrodynamic lubrication conditions. Hence, boundary lubrication
is considered as the dominant contact condition in the friction areas even on high-speed conditions.
This is why PTFE is used as solid lubricant to perform adequate lubrication and prevent from bearing
failures, such as bearing seizure, on several operating conditions. Although there have been numerous
studies about the phenomena of PTFE-metals friction and its low-friction characteristics as described
above, the friction mechanisms between bearing materials under PTFE lubrication in cryogenic
environment have not been researched well. There have been studies conducting chemical surface
analyses on rolling elements after cryogenic turbopump testing. Naerheim et al. confirmed the
presence of metal fluoride on the surface of bearings used in Space Shuttle main engine turbopump
after hot firing engine tests by performing XPS analysis [35]. This study concluded that PTFE
decomposed and reacted with the bearing steel to form fluorides under liquid oxygen environment.
Nosaka et al. revealed that metal fluoride is formed on the rolling elements operated in LOX, LH»,
and liquid nitrogen (LN>) [14, 36, 37, 75, 76]. These studies concluded that the formation of metal
fluoride prevent form adhesion between rolling elements and races and hold transfer PTFE film on the
bearing contact areas leading to low friction characteristics. However, the formation process of metal
fluoride that is considered as the significant phenomena of cryogenic bearing lubrication has not been
clarified yet. In addition, the friction coefficient between bearing materials under PTFE lubrication
has not been quantitatively identified yet.

This research experimentally investigated the friction coefficient of bearing materials via PTFE
lubrication under cryogenic environment to clarify the friction characteristics of cryogenic turbopump
ball bearings by using a fundamental cryogenic tribometer. The data on the friction coefficient will
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contribute to improving the fidelity of the bearing performance models. Since the friction condition is
considered to be boundary lubrication, friction experiments were conducted on several contact
pressure conditions which are influential on the friction coefficient in such situation. These
experiments revealed the dependance of the contact pressure on the friction coefficient. Finally,

various analyses were performed after testing to clarify the lubrication mechanisms.

Fig. 69 PTFE structure [62].
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5.2. Tribometer

In this study, a four ball tribometer that can simulate low-temperature environment and high-contact-
pressure friction characterizing the operating conditions of ball bearings used in rocket engine
turbopumps was used to precisely evaluate the friction characteristics of bearing materials under
cryogenic environment. The tribometer is shown in Fig. 71. A rotating ball contacts and slides against
three stationary balls. The stationary balls are loaded identically by the rotating ball. The contact
pressure is controlled by changing the normal force loaded by deadweight. LN> is supplied to the
tribometer and cool the contact areas inside the test chamber. The test chamber is filled with LN;
during friction tests, which is confirmed by measuring the chamber room temperature. The friction
coefficient is calculated by using measured data of normal load and friction force.

The process of friction experiments is shown in Fig. 72. At first, a rotating pin made of the same
material as the turbopump bearings’ retainer is rubbed against stationary balls made of the bearing
races material under cryogenic environment to form PTFE transfer film on their surface. Secondly, the
pin is changed to a ball made of the bearing rolling element material. Finally, the rotating ball is rubbed
against the stationary balls under cryogenic environment. This process simulates the friction between
ball bearing materials under PTFE lubrication occurring inside self-lubricating ball bearings used in
cryogenic turbopumps.

The material of the balls is SUS440C for the stationary balls and Si3Nj4 for the rotating ball, respectively.
Material properties of SUS440C and Si3N; used in this study are shown in Table 9. Since they are the same
materials as the hybrid ceramic ball bearings used in rocket engine turbopumps, the friction characteristics

of the bearings’ contact can be evaluated by the friction experiments in this study.
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Table 9 Material properties of SUS440C and Si3;N4

Material property SUS440C Si3N4
C0.97wt.% Y 3.4 wt.%
Si0.23 wt.% Al 4.2 wt.%
Mn 0.41 wt.% Ti 0.78 wt.%
P 0.022 wt.% Si3N4 Balance
Chemical compositions > _0'001 e
Ni 0.11 wt.%
Cr 16.62 wt.%
Mo 0.41 wt.%
Co 0.03 wt.%
Fe Balance
Ultimate strength 671 MPa 1053 MPa
Vickers Hardness 728 1550

5.3. Test condition

The normal load of the three ball-pin tests before each four ball test was set around 100 N which
contributes to enough PTFE transfer on the stationary balls’ surface. Four ball tests conditions are
listed in Table 10. Initial contact pressure was changed as a main parameter of the four ball friction
tests in the pressure range from 979 MPa to 2645 MPa as calculated values of the maximum hertz
contact pressure. The pressure range is comparable with contact conditions of hybrid ceramic ball
bearings for cryogenic turbopumps [16]. Rotational speed in the three ball-pin tests and four ball tests
was set at 60 rpm.

LN, which is a simulant of the turbopump bearing coolant was supplied to the tribometer as coolant
fluid. The flowrate was set to perform enough cooling capability on the contact area and maintain the
test chamber condition filled with LN». The flowrate was not measured by a flowmeter although it can
be estimated to be around 0.014 kg/s by calculating from the amount of LN» used during tests and the

tests” duration. The chamber room temperature during tests was around -195.8 deg C regardless of
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friction conditions which showed that the chamber was maintained filled with LN,. This temperature
condition simulates one in the vicinity of ball bearings used in rocket engine turbopumps which show
temperature of liquid-phase cryogenic coolant. Although rocket engine propellant is supplied as the
bearing coolant in turbopumps, the simulant was used in this study because it is much difficult to
conduct tribology experiments under safe operation of rocket engine propellants which easily lead
combustion reaction. Since LN is often used as a simulant for several tribology tests to evaluate the
performance of turbopump’s parts such as bearings and shaft seals under cryogenic environment, the
friction characteristics can also be evaluated properly in this study.

As described in section 5.2, three ball-pin tests were conducted before all four ball tests listed in
Table 1. For comparison, four ball test using fresh balls without PTFE transfer film by three ball-pin
test was conducted in one test case defined as CASE-0. In CASE-0, the normal force for each
stationary ball was intended to be set around the same condition of contact pressure as CASE-3 for
comparison. The force resulted in 9.74 N which was 1.32 N different from CASE-3 since it is

significantly difficult to control the force accurately in the range of lighter force in this tester.
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Table 10 Four ball tests conditions.

CASE No. Normal force for each stationary ball, Maximum Hertz contact pressure,
N MPa
CASE-1 2.59 979
CASE-2 5.67 1271
CASE-3 8.42 1451
CASE-4 13.52 1699
CASE-5 17.72 1859
CASE-6 23.23 2035
CASE-7 25.96 2112
CASE-8 28.72 2184
CASE-9 32.47 2275
CASE-10 41.62 2472
CASE-11 51.03 2645

5.4. Test result
5.4.1. Friction coefficient

The friction coefficients from CASE-1 to CASE-10 are shown in Fig. 73. Each plot shows time-
averaged data for 5 seconds during steady state condition in the friction tests, and error bars indicate
the standard deviation of time history data. The friction coefficients of CASE-0 and CASE-11 were
much higher than the other test cases and 0.911 for CASE-0 and 1.274 for CASE-11, respectively. In
CASE-0, since there was no lubrication in contact area, SUS440C and Si3N4 contacted directly with
each other, which contributed to higher friction coefficient. In CASE-11, the contact pressure seemed
to exceed the load capacity of lubrication film originated by PTFE transfer. Consequently, the
lubrication film was broken, and bearing materials contacted directly with each other. This result was
consistent with studies by Du et al. which showed that tribological damage phenomenon and failure
type in multilayer tribology systems with polymer is affected by normal contact load [78, 79].

Furthermore, according to [16], the limitation of load capacity in hybrid ceramic ball bearings for
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cryogenic turbopumps was about 2690 MPa in LH; environment. The test results in CASE-11 showed
good agreement with these results in terms of the limitation of load capacity.

In the test cases from CASE-1 to CASE-10, PTFE transfer film seemed to perform lubrication within
its load capacity unlike CASE-0 and CASE-11. The results of the friction coefficient range from 0.241
to 0.469 which are remarkably smaller than CASE-0 and CASE-11. These definite low-friction
characteristics are caused by PTFE lubrication. According to [80], friction coefficient of pure PTFE-
steel at LN, environment is about 0.05. The friction condition in this study is SUS440C-Si3Ns sliding
under PTFE lubrication and clearly different from PTFE-steel sliding conditions which have been
comparatively studied. This should be the reason why the friction coefficient range in this study was
different from the PTFE-steel sliding.

As shown in Fig. 73, the friction coefficient had a clear dependency on the normal force. The friction
coefficient decreased with normal force on the conditions up to 25.96 N which contributes to 2112
MPa of Hertz contact pressure. To the contrary, it increased on the conditions more than 25.96 N. This
dependency seems to be caused by friction and lubrication mechanisms. Therefore, several surface
analyses were conducted to clarify the mechanisms. Test cases of CASE-3, -5, -7, and -9 were selected

for the analyses because test results of those cases characterized the dependency.
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5.4.2. Surface analyses
5.4.2.1. Microscopic analysis

Microscopic images of friction areas on the stationary balls of representative cases are shown in Fig.
74. In all cases, round-shape marks were observed in the friction areas. The marks indicate the sliding
and contact areas with the rotating ball. The contact between the stationary balls and the rotating ball
was elastic contact because the normal force applied was low enough not to cause any plastic
deformation. Therefore, the mark’s diameter is larger in test cases of higher normal force.

As shown in (A) of Fig. 74, some amount of polymer accumulates upstream of the friction area. This
was carried and transferred from the rotating ball. Since there is contact pressure in the friction area,

the lump of polymer would be ground and broken into thin fragments due to the friction under the
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contact pressure. Consequently, the fragments of the polymer (B) would entry into the friction area,
and the remaining (A) stay in the upstream edge. Therefore, the fragments should be polymer
originating from PTFE transfer film and adhere on the friction area of the stationary ball. These
substances should perform lubrication and will be identified by XPS analysis described later. Although
there is no visible film in the friction area in CASE-3, extremely thin lubrication film should exist on
the friction area, considering the better lubrication performance in CASE-3 than CASE-0.

Microscopic images of friction areas on the rotating balls are shown in Fig. 5. Friction marks on the
rotating balls are not clear as the round-shape marks on the stationary balls. The adhesion of polymer
(C) is observed in CASE-5, 7, and 9. In addition, the density of the polymer is higher in lower friction
coefficient cases. Therefore, the amount of lubrication film adhering on the friction area may relate
with lubrication performance. There is no visible film in the friction area in CASE-3 unlike the other
cases, and this can contribute to higher friction coefficient.

From the above, transfer film formed by the friction in the three ball-pin test is a significant factor to
perform lubrication between bearing materials in the four ball test under cryogenic environment.
Furthermore, because the remaining lubrication film on the contact area even during the friction
process seems to relate with the friction characteristics, the mechanism of the film adhesion is needed

to be clarified.
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Fig. 74 Microscopic images of friction areas on SUS440C balls.
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Fig. 75 Microscopic images of friction areas on SizN4 balls.

5.4.2.2. Surface profile analysis

Surface profiles of the stationary balls and the rotating balls were examined by white-light
interferometry. The profiles of the stationary balls of representative cases are shown in Fig. 76. The
graphs show averaged profiles of the three stationary balls for each test case. Although obvious wear
was observed on the stationary balls as shown in the figure, no wear was detected on the rotating balls
in all cases including CASE-0. Wear behavior is dependent on material characteristics. Since the wear
resistance of Si3Ny is much superior to SUS440C, only SUS440C was worn during the SUS440C-
Si3Ny friction under cryogenic environment.

In all test cases, the wear depth is larger in the center of the friction areas. This depth distribution is

caused by the contact pressure distribution where the maximum pressure is located in the center of
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contact area considering a contact between spherical objects.

The wear amount of the stationary ball in CASE-0 is much larger than the other cases. In addition,
the stationary ball is worn along the shape of the rotating ball which has the same curvature as the
stationary balls. To the contrary, wear amounts of the other cases were comparably smaller, and the
profiles tend to be flat. These results show that the influence of contact pressure on wear amount is
different between cases with and without PTFE lubricant. The better wear-resistance characteristic
was caused by an effect of the Iubrication film which prevented the stationary balls from sever wear
by performing lubricated smooth friction while excessive wear occurred on the stationary balls with
higher friction coefficient in CASE-0.

Although the wear depth in all test cases with PTFE lubrication is around 1.0 pm regardless of the
normal load conditions, the diameter of the wear marks tends to increase with normal load. This is
because the diameter of the initial contact area due to elastic deformation depends on contact pressure.
This result is consistent with previous studies that showed that contact area and deformation types in

scratch tests are affected by normal contact pressure [81, 82].
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Fig. 76 Surface profiles of friction areas on SUS440C balls.
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5.4.2.3. XPS analysis

XPS analysis was performed on the stationary balls and the rotating balls of the representative cases.
XPS spectra were acquired by using a monochromatic Al K source operating at 150 W. The analysis
area was 110 um diameter circle and included in the friction area. Depth analysis was conducted by
etching with Ar-ion gun. The etching duration each time was 5 sec. The etching rate is 20 nm/min of
SiO; equivalent.

F (1s) spectra of the stationary balls are shown in Fig. 77. PTFE peak which is located around 689.5
eV was mainly detected before the Ar-ion etching in all cases. After one etching, the PTFE peak
decreased, and 685.7 eV peak that corresponds to metal fluoride was clearly detected. In addition,
687.7 eV peak that corresponds to C-F which would originate from PTFE was slightly detected. After
five times etching, both peaks decreased. Finally, all peaks almost disappeared in all cases after ten
times etching. Regarding the metal fluoride peak, possible compositions are iron fluoride and
chromium fluoride, considering SUS440C components. However, it is difficult to identify the
compositions clearly because their peaks in F (1s) spectra are extremely close and the oxide peaks in
Fe (2p) spectra and Cr (2p) spectra are at almost the same positions as the fluoride peaks. From the
above, XPS analysis results indicate that PTFE film covers on the surface of the friction area and that
metal fluoride exists beneath the PTFE film on the stationary balls’ surfaces. The formation process
of the metal fluoride is considered to be as follows. PTFE transferred from the pin during the three
ball-pin test is broken due to friction energy loaded by the rotating ball. During the break-up, F-ions
are generated and react with metal oxide or fresh metal on the surface of the stationary ball. This
process is the same as friction tests in room temperature described in section 5.1 even though the
friction test in this study was conducted in cryogenic environment.

F (1s) spectra of the rotating balls are shown in Fig. 78. PTFE peak was detected before etching in
all cases as well as the stationary balls. Slight peak was also detected around 685.8 eV. It is evident
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that the peak is not originated by metal fluoride because no peak was detected in Fe (2p) and Cr (2p)
spectra. This peak is considered to be Si-F according to [83, 84]. After etching, Si-F peak was
apparently detected in CASE-3 and -9 in addition to 687.4 eV and 689.0 eV which seem to correspond
to Si-F, and Si-F3 bindings while the peaks were also slightly observed in CASE-5 and -7. Strong Si-
F peak remained in CASE-3 and -9 even after ten times etching though the peak almost disappeared
in CASE-5 and -7. These results indicate that, on the outermost surface of the friction area, PTFE film
existed in all cases. Beneath the PTFE film, definite Si-F, Si-F», and Si-F3; bindings were present in
CASE-3 and -9 and marginally existed in CASE-5 and -7. The formation of those bindings is
considered to be caused by direct contact between SisNs and SUS440C without enough PTFE
lubrication. The direct contact would apply larger friction energy to the Si3N4 surface, which promote
chemical reaction between F-ion and Si3N4. The reaction would lead to generating the Si-F, Si-F», and

Si-F3 bindings.
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Fig. 77 XPS F (1s) spectra of friction areas on SUS440C balls.
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Fig. 78 XPS F (1s) spectra of friction areas on SizN4 balls.

5.4.3. Friction and lubrication mechanisms

Considering the test and analyses results, the PTFE formed on the surface of both the stationary ball
and the rotating ball significantly improved the lubrication characteristics of SUS440C-Si3Ny friction
under cryogenic environment. In addition, the metal fluoride formed on the stationary ball remarkably
enhanced the wear resistance performance of SUS440C.

No wear was detected on the stationary ball surface just after the three ball-pin tests which was
conducted before each four ball test carrying out SUS440C-Si3N4 friction. Additionally, XPS analysis
revealed that PTFE film covered the surface and metal fluoride existed beneath the film on the
stationary ball surface as well as after four ball tests. Such surface will be rubbed against SizNy in the
four ball tests. Since the analyses results described in section 5.4 showed the detection of wear and the

formation of metal fluoride after four ball tests, the stationary balls were worn due to the friction with
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Si3N4 while metal fluoride was simultaneously formed on the surface. Therefore, the metal fluoride
formed in the three ball-pin tests just prevented excessive wear in the early phase of the friction in four
ball tests. In the four ball tests, slight wear occurred on the friction area of the stationary ball, gradually
generating fresh surface. In the wear process, the metal fluoride was simultaneously formed due to the
chemical reaction between the fresh surface and F-ions originated from PTFE and adhered with PTFE.
Such PTFE and metal fluoride formed on the stationary ball should perform low friction as shown in
Fig. 73.

The tendency of the friction coefficient with normal load could be explained by micro-scale
consideration. Schematics of real contact area in friction interface are shown in Fig. 79. In CASE-5
and -7, the friction coefficient was smaller and the Si-F, Si-F», and Si-F; bindings were barely observed.
This suggests that little friction energy was applied to the Si3N4 surface. This would be because PTFE
was strongly adhered on the SUS440C surface even under friction conditions and covered the
SUS440C surface, which prevents the direct contact between the SUS440C and the Si3N4 as shown in
Fig. 79 (b). Such adhesion of PTFE with SUS440C is considered to cause much lower friction
characteristics. Considering that the friction coefficient decreased with normal force on the conditions
up to 25.96 N, the strong adhesion of PTFE would occur in conditions of larger friction energy. This
is because the binding between PTFE film and SUS440C surface need certain energy to occur since it
is formed due to chemical reaction as described above. In CASE-3, it is considered that there was not
enough PTFE film on the SUS440C surface which strongly adhered on the SUS440C as shown in Fig.
79 (a) because the friction energy was too small. Therefore, the SizN4 surface directly contacted with
the SUS440C, which contributes to generating the Si-F, Si-F», and Si-F3; bindings. In addition, the
friction coefficient was higher because such direct friction between the SisNs4 and the SUS440C
without PTFE film is considered to be larger. In CASE-9, the contact pressure would exceed the

ultimate stress of PTFE, and PTFE film which strongly adhered on the SUS440C was broken through
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as shown in Fig. 79 (c). Consequently, the Si3N4 surface directly contacted with the SUS440C as
CASE-3, leading to the larger friction coefficient and generating the Si-F, Si-F», and Si-F3 bindings.
In both CASE-3 and -9, the stationary ball surface would be covered by metal fluoride, preventing
from adhesion between the SUS440C and the SizN4 which contributes to much larger friction as in
CASE-0 and -11. In CASE-11, the metal fluoride was also broken through due to, much larger normal
force exceeding the ultimate stress as shown in Fig. 79 (d), and finally the Si3N4 severely contacted
against fresh metal surface of the SUS440C without the metal fluoride and PTFE, which leads to the
adhesion between the SUS440C and the SizN4. In CASE-0, the SUS440C and the SizNg4 directly
contacted without any lubrication as shown in Fig. 79 (e), and this resulted in much larger friction and
excessive wear of the SUS440C.

The formation of metal fluoride during the three ball-pin test is consistent with results of previous
studies conducting friction tests and surface analyses with PTFE and metallic material [60, 65-69].
Some of those studies concluded that strong adhesion of PTFE on metallic surface during friction
needs friction energy to deform and break PTFE and generate F-ions [60, 69]. Furthermore, the
breakdown process of the lubrication film formed on the stationary ball due to larger contact load
conditions is also consistent with bearing test results showing the load capacity limitation of
lubrication film in hybrid ceramic ball bearings for cryogenic turbopumps [16].

From the above, a significant factor of lower friction characteristics is the PTFE film that strongly
adheres on the surface of the stationary ball. The adhesion of the PTFE film is caused by the metal
fluoride formed on SUS440C and the moderate friction energy. Therefore, the friction coefficient of
SUS440C-Si3N4 via PTFE lubrication under cryogenic environment depends on the friction energy

which changes with the contact pressure.
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Fig. 79 Schematic of real contact area in friction interface. (a) Test cases of lower load as
CASE-3. (b) Test cases of moderate load as CASE-7. (c) Test cases of large load as CASE-9. (d)

Test cases of excess load as CASE-11. (e) Test cases without PTFE lubrication as CASE-0.
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5.5. Summary

This research experimentally investigated the friction coefficient of bearing materials via PTFE
lubrication under cryogenic environment to clarify the friction characteristics of cryogenic turbopump
ball bearings. The friction coefficient was clearly dependent on the contact pressure. It decreased with
the contact pressure up to 2112 MPa and increased on the pressure conditions more than the value.

The microscopic analysis indicated that lubrication film remained on the friction interface even
during the friction process. The surface profiles after the friction tests showed that SUS440C was
mainly worn in SUS440C-Si3Ny friction under cryogenic environment and that PTFE lubrication
improved wear-resistance characteristic of SUS440C by performing lubricated smooth friction and
forming metal fluoride on the SUS440C surface. The XPS analysis revealed that metal fluoride was
formed in the friction area of SUS440C of all test cases and that Si-F, Si-F,, and Si-F3 bindings were
present on the friction area of SizN4 of higher friction test cases.

Considering the data on the friction coefficient and the analyses results, the lower friction
characteristics are caused by the PTFE film that strongly adheres on the surface of the stationary ball.
The better adhesion is led by the metal fluoride formed on the surface and moderate friction energy.
PTFE film does not strongly adhere on both too small and excessive friction energy conditions, which

contributes to generating Si-F, Si-F», and Si-F3 bindings and larger friction coefficient.
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Chapter 6. Modeling of heat generation of cryogenic ball bearing
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6.1. Introduction

Performance modeling of heat generation in cryogenic ball bearing will be constructed in this chapter.
To construct the modeling, models of fluid heat generation and friction heat generation are needed.
The fluid heat generation was calculated by using the results of CFD analysis conducted in Chapter 4.
The friction heat generation was calculated by using the results of bearing motion analysis conducted
in Chapter 2 and friction characteristics of bearing materials under cryogenic environment investigated
in Chapter 6. In this study, the bearing heat generation was modeled as the sum of the fluid heat

generation and the friction heat generation. Finally, fidelity of the model was validated by comparing

with experimental results investigated in Chapter 3.

6.2. Operating conditions of cryogenic ball bearings for modeling
The modeling conditions are shown in Table 11. Since calculation results obtained by modeling
constructed in this chapter will be compared with the experimental results of Chapter 3, modeling

conditions were set in accordance with the experimental conditions.

Table 11 Modeling conditions of cryogenic ball bearings.

Parameter Value
Bearing Bearing X Bearing Y
Coolant LCH4 LN, LCH4 LH,
Coolant pressure 1.43 MPa 1.11 MPa 1.52 MPa 1.66 MPa
Coolant inlet temperature 1209 K 945 K 120.2 K 27.8 K
Coolant flow rate 0.139 kg/s 0.307 kg/s 0.258 kg/s 0.043 kg/s
Rotational speed 10000 ~ 60000 rpm | 10000 ~ 60000 rpm | 10000 ~ 50000 rpm | 10000 ~ 50000 rpm
Thrust load 1000 N 1000 N 1000 N 1000 N
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6.3. Modeling on fluid heat generation (W)

As shown in Chapter 4, fluid heat generation of rotating ball bearing is caused by shear force between
rotating bearing elements and the surrounding fluid flow. Since the fluid flow structure is remarkably
complicated to comprehend by using equations for simple flow, CFD analysis was performed to
calculate the fluid heat generation. CFD analysis results of the fluid heat generation of Bearing X in
LN; and LCH4 environments are shown in Fig. 53. Ones of Bearing Y in LH> and LCH4 environments

are shown in Fig. 67.

6.4. Modeling on friction heat generation

Calculation methods for friction heat generation were explained in section 2.4.1. Friction heat in
raceways-ball contact and ball-retainer contact was considered in this study. Friction heat in outer race-
retainer contact was not considered in this research because Bearing X and Bearing Y are designed so
that they would have enough clearance between the outer race and the retainer without any contact
under operating conditions considered in this study. Finally, the friction heat generation of the bearing

was calculated as the sum of those friction heat.

6.4.1. Friction heat generation of raceways-ball contact (/)

The friction heat generation of raceways-ball contact was calculated according to Equation (33)
and Equation (34). Distribution of contact pressure and velocity was calculated as shown in section
2.3.2 and section 2.3.3. Friction coefficient investigated in Chapter 5 was adopted to p,(x,y).
Relationship between the normal load and the friction load in the friction tests is shown in Fig. 80.
From this relationship, dependence of the friction coefficient on the contact pressure was calculated
as shown in Fig. 81. Since these friction data were acquired during steady state condition of the friction

experiments, it is reasonable to adopt the data to calculate the friction heat generation in steady state
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conditions.
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6.4.2. Friction heat generation of ball-retainer contact (/)

The friction heat generation of ball-retainer contact was calculated according to Equation (36).
Sliding velocity v, was calculated by using the results of bearing motion analysis as shown in section
2.3.2. Normal force of ball-retainer contact F, was assumed to be the sum of the retainer-ball contact
loads which is the fluid drag force of the retainer that can be calculated as the results of the CFD
analysis described in Chapter 4. Friction coefficient p; was investigated by conducting friction
experiment as follows.

The friction experiment was conducted by using the same tribometer as one described in Chapter 6.
The test procedure was the same as 3 ball-pin test explained in Fig. 72. The material of the 3 stationary
balls and the rotating pin was Si3zN4 and glass cloth-PTFE laminate, respectively, to simulate the
friction the ball-retainer friction. Normal load was set around 100 N by deadweight which was the
same as the 3 ball-pin tests conducted in Chapter 5. The test result is shown in Fig. 82. Friction
coefficient gradually increased from around 0.077 at the start of the friction test (A) to 0.117 at the
end (B). This increase was caused by wear of the rotating pin. The pin was gradually worn due to the
friction with the balls, which contributes to increasing friction area with the balls and then gaining the
friction force. Considering that the friction of ball-retainer contact results in the retainer wear due to
the friction with the balls, friction condition in bearings would be same as (B). Therefore, the friction

coefficient u; was assumed to be 0.117 for Equation (36).
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Fig. 82 Time history data of the friction coefficient of 3 ball-pin test using SizN4 balls and glass

cloth-PTFE laminate pin.

6.4.3. Friction heat generation

Friction heat generation is shown in Fig. 83 for Bearing X/LCH4 environment, in Fig. 84 for Bearing
X/LN; environment, in Fig. 85 for Bearing Y/LCH4 environment, and in Fig. 86 for Bearing Y/LH>
environment, respectively. The friction heat generation of ball-retainer contact was larger in higher
density coolant since torque around retainer rotation axis was larger. However, it accounted for slight
portion of the entire heat generation in all environments. This indicates that the ball-retainer friction
was much lighter than the raceways-balls friction. Heat generation of the raceways-balls friction
increased with the rotational speed since sliding speed of the friction increased under the same thrust
load conditions. The percentage of W,(Outer race) increased with the rotational speed in all

conditions while that of W, (Inner race) decreased. It is caused by the dependence of ball load on

149



the outer race on the rotational speed as shown in Fig. 15 (c¢) and Fig. 16 (b) which indicate different

tendency from that of inner race because of the centrifugal force loading on balls.

2000 -
Legend Heat generation
(= Wy
[ ] W, (Outner race)
[ W,(Inner race)
1500 r 0.2%
=
c
.0
©
@ 1000 t+ 51.3%
c
(4]
(o 0.1%
T
[}
I
500 r
0.0% 48.5%
47 8%
0 52.2%
10000 20000 30000 40000 50000 60000

Rotational speed, rpm

Fig. 83 Friction heat generation of Bearing X in LCH4 (Calculation result).
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Fig. 86 Friction heat generation of Bearing Y in LH; (Calculation result).

6.5. Heat generation model

Heat generation of Bearing X is shown in Fig. 87 for LCH4 environment and in Fig. 88 for LN,
environment, respectively. The graphs indicate that fluid heat generation and friction heat generation
increased with the rotational speed. The heat generation at 50000 rpm was 1686 W in LCH4
environment and 2096 W in LN» environment, respectively. The fluid heat generation at 50000 rpm
accounted for 38.8 % in LCH4 environment and 50.7 % in LN, environment, respectively. These
results of the heat generation data in Bearing X suggest that both friction heat and fluid heat are main
factors of bearing heat generation.

Heat generation of Bearing Y is shown in Fig. 89 for LCH4 environment and in Fig. 90 for LH»

environment, respectively. The graphs indicate that fluid heat generation and friction heat generation
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increased with the rotational speed as described above. The heat generation at 50000 rpm was 7597
W in LCH4 environment and 2639 W in LH, environment, respectively. The fluid heat generation at
50000 rpm accounted for 58.6 % in LCH4 environment and 29.4 % in LH» environment, respectively.

Comparing both results, Bearing Y generated 2.68 times heat than Bearing X at 50000 rpm. The
difference is caused by bearing design such as bearing element geometry and number of balls. In this
case, the friction heat generation was affected by the size of contact areas and the number of the friction
area. The fluid heat generation was affected mainly by the surface areas of the bearing elements.
Considering that the fluid heat generation of Bearing Y was 4.04 times larger than Bearing X while
the difference of the friction heat generation was 1.82 times, the influence of bearing design on the

fluid heat generation was significant.
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Fig. 87 Heat generation of Bearing X in LCH4 (Calculation result).
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Fig. 89 Heat generation of Bearing Y in LCH4 (Calculation result).
154




5000

Legend Heat generation
] Wg
E| w,
4000 | | W, (Outner race)
W,(Inner race)
= 1
c
.2
=
3000 |
c
(4]
()]
©
22000 | o1%
c
2
e
g 27.3% |~ 0.1%
uw 0.0% a
1000 15.4% ' 23.8%
0.0% 21.9%
8.0% U 42.1%
21.1% 0.0% . . 48.8% ’
0 709% |64.5%]| 201% | 570%
10000 20000 30000 40000 50000

Rotational speed, rpm

Fig. 90 Heat generation of Bearing Y in LH; (Calculation result).

6.6. Comparison of the model with experimental results

Comparison of Bearing X heat generation in LN, and LCH4 environment between experiment and
calculation is shown in Fig. 91. The calculation results showed excellent agreement with the
experimental results. Error between the calculation results and the experiment results is 18 W at 40000
rpm in LN, and 70 W at 52000 rpm in LCH4, respectively. Comparison of Bearing Y heat generation
in LCH4 and LH> environment between experiment and calculation is shown in Fig. 92. The
dependency of bearing heat generation on the rotational speed is well simulated by the calculation
results in both environments. Error between the calculation results and the experiment results is 210
W at 35000 rpm in LCH4 and 377 W at 25000 rpm in LH,, respectively.

The graphs indicate that there were definite errors between both results though the calculation results

showed good agreement with the experimental results. Two error factors can be considered. One is
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measurement error in experiments as described in section 3.2.1.3. In this study, the measurement error
of temperature, pressure, and flowrate had impacts on experimental data of bearing heat generation.
Even though state-of-the-art methods for measurement were adopted in the experiments. The other
one is calculation method of modeling on bearing heat generation. In this study, the model of bearing
heat generation was defined as the sum of all factors of heat generation as described in section 6.4.
Therefore, interinfluence between all factors on heat generation was not considered in this study. In
particular, it is possible that friction heat generation in bearing elements would have influence on fluid
dynamics that relates with fluid heat generation. However, calculation method for solving all factors
simultaneously with consideration of interinfluence between them contributes to numerous

computational costs which cannot be processed in short time.
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Fig. 91 Comparison of Bearing X heat generation in LN> and LCH4 environment between

experiment and calculation.
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experiment and calculation.

6.7. Summary

Modeling on bearing heat generation was constructed by calculating the sum of all heat factors which
were researched from Chapter 2 to Chapter 5. Comparing the modeling with the experimental results,
the prediction by the modeling showed good agreement with the experimental results and simulated
influences of several conditions such as rotational speed, coolant fluid, and bearing size. Although
there could be two error factors in the modeling, further improvement of the fidelity is expected by

innovation of measurement method and advancement of computational speed.
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Chapter 7. Conclusion
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This study aimed to construct a high-fidelity modeling of heat generation in turbopump bearings. For
that, the friction characteristics of bearing material under cryogenic environment and the fluid flow
characteristics of the bearing coolant were mainly investigated. The findings of this study are as
follows.

In Chapter 2, the analytical method for calculation of bearing motion and the factors of the heat
generation in cryogenic ball bearings were introduced. The analytical method considers the influences
of thermal expansion, centrifugal forces, and interference fitting which are unique characteristics of
cryogenic ball bearings.

In Chapter 3, bearing heat generation in cryogenic environment were investigated and parametrically
summarized and evaluated. Two types of bearings were tested in LH»>, LCH4, and LN, environment
and the bearing heat generation was measured. In all bearing types and environments, the heat
generation increased with the rotational speed. The gradient to the rotational speed depended on the
coolants and increased with the fluid density. This characteristic caused larger bearing heat generation
in higher density fluid. The results of Bearing X experiments under LCH4, and LN; environment
identified that density and viscosity have strong relationship with the fluid heat generation. Also, by
conducting bearing tests under hydrogen environment of several pressure and temperature conditions
with Bearing Y, it was identified that density and viscosity significantly influenced the fluid heat
generation.

In Chapter 4, the fluid heat generation of cryogenic bearings were investigated by performing CFD
analysis. Since the characteristics of the fluid heat generation would be influenced by several
conditions such as bearing size, rotational speed, coolant fluid, fluid flow direction, and coolant
flowrate, the analysis conditions were set by changing these conditions. Distribution of velocity,
temperature, and pressure which have significant impact on fluid heat generation were remarkably

complicated and change with operating conditions. The CFD results visualized complex
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characteristics of the fluid flow in the vicinity of bearing cavity. In particular, recirculation zones were
formed in the downstream and upstream of the bearing cavity on all conditions. Therefore, it was
found that the bearing coolant flow is too complicated to predict by adopting simple empirical
equations for flat surfaces’ fluid flow.

In Chapter 5, the friction coefficient of bearing materials via PTFE lubrication under cryogenic
environment was investigated to clarify the friction characteristics of cryogenic turbopump ball
bearings. The friction coefficient was clearly dependent on the contact pressure. It decreased with the
contact pressure up to 2112 MPa and increased on the pressure conditions more than the value. The
microscopic analysis indicated that lubrication film remained on the friction interface even during the
friction process. The surface profiles after the friction tests showed that SUS440C was mainly worn
in SUS440C- Si3Ny friction under cryogenic environment and that PTFE lubrication improved wear-
resistance characteristic of SUS440C by performing lubricated smooth friction and forming metal
fluoride on the SUS440C surface. XPS analysis revealed that metal fluoride was formed in the friction
area of SUS440C of all test cases and that Si-F, Si-F», and Si-F; bindings were present on the friction
area of Si3Ny4 of higher friction test cases. Considering the data on the friction coefficient and the
analyses results, the lower friction characteristics are caused by the PTFE film that strongly adheres
on the surface of the stationary ball. The better adhesion is led by the metal fluoride formed on the
surface and moderate friction energy. PTFE film does not strongly adhere on both too small and
excessive friction energy conditions, which contributes to generating Si-F, Si-F», and Si-F3 bindings
and larger friction coefficient.

In Chapter 6, modeling on bearing heat generation was constructed by calculating the sum of all heat
factors which were researched from Chapter 2 to Chapter 5. Comparing the modeling with the
experimental results, the prediction by the modeling showed good agreement with the experimental

results and simulated influences of several conditions such as rotational speed, coolant fluid, and
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bearing size. Although there could be two error factors in the modeling, further improvement of the

fidelity is expected by innovation of measurement method and advancement of computational speed.
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