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CHAPTER 1 INTRODUCTION

High speed railways have become a very convenient and
effective means of transportation for medium range dis-
tances. However, its noise and vibration give a great deal
of annoyance to the residents along the tracks. Recently,
not only the noise by the high speed railways but also the
noise by the conventional railways has become a social
problem. The noise reduction is regarded to be of prime
importance, and many studies on this problem have been
carried out so far. However, except noise insulation
walls, no effective practical measures for the noise reduc-
tion has been found yet.

The noise from railways was measured by many research-

sl_6), and it was found that the noise 1is generated

er
predominantly by the vibration of the wheels and the
rails. When a train is traversing on tight curves, trans-
verse vibration of the wheels is stimulated, and it pro-
duces an intense noise7’8).

The vibration of the wheel has been investigated expe-
rimentally and theoretically by many researchersg_ll).
Their theoretical analyses are based on the assumption that
the wheels are thin circular plates or rings.- However, the
effects of the shear deformation and the rotatory inertia
on the vibration of the wheel have to be taken into consi-
deration, because wheel's thickness is considerably large

compared with its diameter.

12,13) 14,15)

Damped wheels™ "’ and resilient wheels have
been investigated experimentally. They can reduce the
noise level by several decibels. However, no theoretical

analysis of their vibration has been reported so far. The



resilient wheel is hardly used in practice because of its
mechanical strength and cost.

The purpose of the present work is to perform the
precise theoretical analysis of the wheels and to construct
the low noise wheels, such as spoke wheels and damped wheel.

In chapter 2, the general concept of the vibration
and noise caused by the Shinkansen is discussed16—18). The
author measured the noise and the vibration of ground and
houses at two sites along the Shinkansen. Furthermore,
human response to the vibration and the noise was investi-
gated by questionnaires distributed among two thousand
residents along the tracks. On the basis of the measure-
ments and the questionnaires, the outline of the practical
vibration and the noise is manifested.

In chapter 3, the theoretical analysis of the trans-

20
verse vibration of the wheel is discussedlg’ ).

First, we
deal with a thin wheel. Since the wheel contacts with the
rail, in the analysis, the wheel is assumed to be simply
supported at one point on its periphery. Second, the web
wheel which is composed of a hub, a web, and a rim is
dealt. The rim is considerably thick compared with its
diameter, so the effects of the shear deformation and
rotatory 1inertia are taken into consideration. The web
wheel 1is assumed to be a circular plate with a stepped
thickness, and its vibration is analyzed theoretically by
making use of Mindlin theory21’22). Furthermore, labora-
tory experiments using model wheels are carried out in
order to confirm the result of theoretical analysis.

In chapter 4, the relations among the vibration, the
noise, the velocity, and the load are investigated by using

23)

a laboratory model . Curves of a track are simulated by



a contact angle between a guide wheel and the test wheel in
the experimental apparatus, and its effect on the vibration
and the noise are also investigated.

In chapter 5, the relation between the vibration and
the noise is studied23). An acoustic radiation coefficient
is defined by the ratio of an acoustic power and a mecha-
nical power of the vibrating wheel. The acoustic radiation
coefficients of the vibration of normal modes are calcu-
lated. The characteristics of the wheel's sound radiation
are discussed by means of this coefficient.

In chapter ¢, the coupled vibration of the web wheel
and a rail is studied24). In this study, the emphasis is
placed on the vibration of the wheel. Therefore for the
sake of simplification, the rail is simulated by a beam
with free ends, and the wheel and the rail are assumed to
be connected by a spring. With these assumptions, the cou-
pled vibration is investigated theoretically and experimen-—
tally.

In chapter 75 the spoke wheel is investigatedzs).
The spoke wheel is expected to radiate less noise than the
conventional web wheel because of its small area of sound
radiation. The vibration of the spoke wheel 1is analyzed
with an assumption that the rim is elastically supported by
springs which simulate the spokes. Furthermore, the noise

by the spoke wheel is compared with that by the web wheel,

and its effect on the noise reduction is confirmed experi-

mentally.
In chapter §, the vibration of a damped wheel is
investigatedze). A vibration absorber which is composed of

a thin annular steal plate and a rubber, is attached to the

main web wheel. The relation between the vibration level



and the structure of the absorber is investigated theoreti-

cally and experimentally. Also, the noise reduction by the

absorber is investigated by making use of several models of

the damped wheel.

1)
2)
3)
4)

5)

7)
8)
9)
10)
11)

12)

13)

14)

15)

16)
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CHAPTER 2 GENERAL CONCEPTS OF VIBRATION AND NOISE
GENERATED BY THE SHINKANSEN

2.1 Introduction

The Shinkansen opened a new era in railway service for
mass passenger transportation with high speed in 1964. It
has become a very convenient and effective means of trans-
portation for medium range distances. However, its vibra-
tion and noise have given a great deal of annoyance to the
residents along the tracks and have even become a social
problem. The problem has turned so serious that a case was
brought to court in Nagoya district. However, it is not
easy to find the general concepts of the noise and the
vibration, because they are influenced by many factors,
such as the structure of the tracks, the surface condition
of the rails, and the train speed. Concerning the noise
reduction, no effective measure has been found other than
a noise insulation wall.

The author measured the vibration and the noise caused
by the Shinkansen at two sites, Takatsuki-shi in Osaka
prefecture and Seta-cho in Shiga prefecture in 19741’2’3).
Also, human response to the vibration and the noise was
investigated by questionnaires distributed among two thou-
sands residents along the tracks. In this chapter, the
outlines of the vibration and the noise by the Shinkansen
is discussed on the basis of the measurements and the ques-

tionnaires.



2.2 Sources of Vibration and Noise

In order to study the train noise, first of all, we
have to know their sources4’5’6). Figure 2-1 shows an
example of spacial distribution of the noise generated by
the Shinkansen's train running on an elevated track7). The
noise sources are the rolling devices (wheels and rails),
the driving devices (traction motors and gears), the auxil-
iary equipments (cooling fans, compressors and generators),
and power collection system (pantograph sliders and trolly
wires). Also, a high velocity car body is expected to
produce aerodynamic noise.

Among them, the most intense noise source is supposed
to be the rolling devices. The rolling noise is caused by
collisions and frictions of the wheels and rails. When the
rails have wave form wear or the wheels have tire flat,
the noise of the high speed train increases by 20 dB. This
shows that the noise from the rolling devices is very
large. The other noise sources are negligible compared
with the rolling devices. For example, the trains with and
without the driving devices do not have significant differ-
ence in the generated noise levels. The auxiliary equip-
ments are the only noise sources at stop, but their contri-
butions become negligible during high speed running. There-
fore, when we try to reduce the train noise, the rolling
devices should be first taken into consideration. By many
studies, it is already known that when a train is on a
straight track, the rails are the major noise source; and
when a train is on a curve, the wheels are the major noise
source.

The vibration is also generated by the interactions of



rails and wheels. Then, the vibration is transmitted to

the ground through ties and bed of the track.
2.3 Vibration

Among the factors which are the sources of disturbance
to people living along railways are train-induced noise and
vibration of buildings. Both noise and vibration may be
directly experienced as unpleasant sensations, and vib-
ration can further disturb people because of fears of da-
mage to the building fabric.

Building vibration induced by train is caused by gro-
und vibration originating from the interaction of wheels
and rails. There are the ties, the bed, and the ground in
the vibration propagation path between the rails and build-
ings. Those factors have a large effect on the characte-
ristics of the vibration. In this section, in order to
know the outlines of the vibration, some general characte-
ristics of the vibration caused by the Shinkansen are brief-
ly discussed from the measured data at Takatsuki and Seta.

The ground vibration has three directions; vertical to
the ground, parallel and perpendicular to the track. Just
below an elevated track, the vertical vibration is greater
than the others, but at far places, all the vibrations have
almost the same amplitudes.

Figure 2-2 shows the relation between the vertical
vibration velocity and the distance from the track. The
data exhibit considerable scatter, but by making use of the

least square method, this relation is represented as

-0.6
v =0.17 L (2-1)



where, v 1is the vibration velocity (cm/sec) and L is the

distance (m).

Concerning the other characteristics, measured data
have a large amount of scatter. However, the following
tendencies can be observed.

i) The vibration spectrum has two peaks at 2-3 Hz and
40-60 Hz. The vibration at the lower peak frequency
decreases when the distance increases.

ii) A track elevated by concrete posts has larger vibration
than that on an embankment. This is due to the high
damping factor of the soil of the embankment.

iii) The vibration is considerably reduced by a river which
lies across the propagation path.

iv) In a wooden house, the indoor vibration is greater than
the ground vibration. Also, the vibration of the se-
cond floor 1is greater than that of the first floor.
This is due to the resonance of the building.

v ) In a ferro-concrete building, the vibration of the
first floor is as large as that of the ground. The
vibration in the building increases with the floor

level.
2.4 Noise

Figure 2-3 shows an example of the relation between
the noise level (A scale) and the distance from the track
with and without the noise insulation wall. As seen in
this figure, the insulation wall reduces the noise from the
train on the near side track but does not reduce the noise
from the far side track. The noise at places more than 30

meters away from the track is not reduced by the insulation



wall. Figure 2-4 shows the frequency spectra of sound
pressure. The components of the sound pressure are lower
than several thousands Hz, and there is no sharp peak.
However, when a train is traversing on curves, the noise has
peaks at the natural frequencies of the transverse vibra-
tion of the wheel. The noise in the lower frequency range
(below 500 Hz) is not reduced by the insulation wall as
seen in this figure. This frequency dependence 1s explain-
ed by sound wave diffraction, reflection, and the noise
generated by the vibration of the insulation wall.

Figure 2-5 shows the relationship between the noise
level and the train speed. The measurement was carried out
at a plane ground covered with grass. In this figure, the
straight 1lines show the approximate relation obtained by
the least squares method. Comparing the slopes of these
lines, we can see that at an area near the track, the noise
can not be decreased by reducing the train speed as much as
at an area far from the track. By decreasing the train
speed from 200 km/h to 133 km/h, the noise at the areas
100, 200, and 400 meters away from the track decreases by 2,
4, and 5 dB(A), respectively. Therefore, at a near area
where the noise is large, it 1is 1impossible to have a
comfortable 1living condition, even if the train speed is
reduced.

There are two kinds of rail foundation, namely, the
stone ballast bed and the slab bed. The noise from the
track with the stone ballast bed is smaller than that with
the slab bed by about 6 dB. This is due to the high
damping factor of the stone ballast bed. New Tokaido Line
mainly uses the stone ballast bed, and about a half of new

Sanyo Line uses the slab bed. The new lines under construc-

10



tion will mainly use the slab bed for the sake of easy
maintenance, but the stone ballast bed should be used from
the viewpoint of the noise reduction.

The indoor noise depends on the location and the
structure of the house. However, in general the indoor
noise is less than the outdoor noise by several dB(A).
Also, when windows are closed, the noise is reduced by 10

to 15 dB(A).

2.5 Damages by Vibration and Noise

Effects of the vibration and noise on houses and
health of the residents were investigated by means of the
questionnaire.

The vibration makes furniture in the houses rattle,
and causes the failure of fitting, cracks in the wall, and
failure of the roof in a long time. Figure 2-6 shows the
relation between these damages and the distance. As shown
in this figure, the shorter the distance is, the higher the
ratio of the damage becomes. Wooden houses have about
twice as much damage as the ferro-concrete houses. As much
as 75 % of the houses within 10 meters of the track were
reported to have damages.

The residents who are influenced by the noise and the
vibration complained that they "feel noisy", or '"are not
able to concentrate'", or " have a headache". Figure 2-7
and 2-8 show the relations between the health damages and
the distance. As shown in Fig. 2-7, it is remarkable that
60 to 75 % of people who live close to the track suffer
from headache. Since women stay at home for a longer time

than men, they have a higher ratio of the complaint.

11



The complaint against the vibration is as much as that
against the noise. Usually we have been interested in the
noise more than the vibration. However, when we deal the
train-induced pollution, not only the noise but also the

vibraiton should be taken into consideration.
2.6 Conclusions

In this chapter, the practical vibration and noise by
the Shinkansen are briefly discussed. Residents along the
tracks have been suffering from both the noise and the
vibration. Considering the results of the investigation by
the questionnaire, we can conclude that the area within 100
meters from the tracks is not suitable for living.

Concerning the preventive measures for vibration and
noise, only the noise insulation wall is used in practice.
The insulation wall can reduce the noise at the areas very
close to the track by a few decibels (A), and we can not
expect the insulation wall to have enough effect on the

noise reduction.
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CHAPTER 3 VIBRATION OF A THIN WHEEL AND A WEB WHEEL

3.1 Introduction

The precise theoretical analysis of the wheel's trans-

1,2)

verse vibration is studied in this chapter In section
3.2, as the first step, a thin wheel is investigated. The
vibration of the thin wheel is analyzed by means of the
classical thin plate theory. Since the wheel contacts with
a rail, the boudary condition of the contact point should
be taken into consideration. Therefore, the thin wheel is
assumed to be simply supported at one point on the outer
circumference3’4). Then, the vibration and the noise
caused by a small model of the thin wheel are experimen-
tally investigated.

In section 3.3, the wheel used in the Shinkansen is
studied. This wheel is composed of a hub, a web, and a
rim, and is referred to as a web wheel. Since the web and
the rim have different thickness, the web wheel is assumed
to be a circular plate with a stepped thickness. As the
rim is considerably thick compared with its diameter, the
effects of rotatory inertia and shear deformation are taken
into consideration. With these assumptions, the theoreti-
cal analysis 1is carried out. Then, by making use of a
model of the web wheel which is 1/6 of that of the

Shinkansen's train, the vibration and the noise are experi-

mentally investigated.

18



3.2 Vibration of a Thin Wheel

3.2.1 Theoretical analysis

In this section, the vibration is assumed to be govern-
ed by the small deflections, the effects of rotatory iner-
tia and shear deformation being omitted. The well-known
differential equation governing free vibration of a thin
homogeneous plate in the cylindrical coordinates (r, 6, z)

shown in Fig. 3-1 is

DV*w - phw?w = 0 (3-1)
where
72 82 13 1 32 b - _ En’
— A _—__2_
ar2  rar r2302 12(1-v2)

w: transverse deflection, E: Young's modulus, h: plate
thickness, p: Poisson's ratio, p: density of the plate.

The general solution of Eq. (3-1) is
uNCD#{AJm(kr)+BYm(kr)+CIm(kr)+FKm(kr)}cosm(e—a). (3-2)

k% = ow?/D, £3-8)

in which Jm and Ym are Bessel functions of the first and
second kinds of m-th order, and w is the angular fre-
quency . Im and Km are modified Bessel functions of the
first and second kinds of m-th order, respectively. The
values of the constants A, B, C and F are determined from
the boundary conditions of the plate.

Then, the above theory is applied to a circular plate
which simulates the thin wheel shown in Fig. 3-2. The
boundary conditions are; the inner side (r=a) of the plate

is fixed and the outer side (r=b) is free. Therefore, the

19



deflection and the slope are zero at r=a.

w=20 (3-4)
ow
I = 0 (3-5)

32w 1l ow 1 5%y
= —_— 4 =O -
Mr D{arz * U(r or r2 862)} (3-6)

S R S £ R L AR A W (3-7)
V= Dl VA T gz (g m ) = 0

Substitution of Eq. (3-2) into Egs. (3-4) to (3-7)
gives the following set of four simultaneous, homogeneous

equations.

AJ (ka) + BY (ka) + CI (ka) + FK (ka) = 0 (3-8)
m m m m

A{(m/ka)Jm(ka) = Jm+l

+C{(m/ka)Im(ka) + I

(ka)} + B{(m/ka)Ym(ka) = Ym

m+l(ka)} + F{(m/ka)Km(ka) - K,

A[Jm(kb) . {(1-u)/k2b2}{m(m-1)Jm(kb) + kbJ (kb)}]

+1
+B[Ym(kb) - {(1-u)/k2b2}{m(m-1)Ym(kb) ¥ kam+l(kb)}]
-C[1_(kb) + {(1-»)/k2b2}{m(m-1)1m(kb) - ¥bI . (kb)}]

-FIK_(kb) + {(1-u)/k2b2}{m(m-1)Km(kb) + ¥bK . (kb)}] = 0

20



A [me(kb) - kam+l(kb) + {(1-p)/x2p2}

x {mz(m—l)Jm(kb) - mzkam+l(kb)}]
£ B[mYm(kb) - kam+l(kb) + {(1-p)/x%b2}
x {mz(m—l)Ym(kb) - m2kbym+l(kb)}]

+ C[mIm(kb) + KbI (kb) - {(1-)/k2b2}

1

% {mz(m-l)Im(kb) + mZkam+l(kb)}]

+ F[me(kb) - kam+l(kb) - {(1-p)/x%p2}

x {m2(m-1)Km(kb) = m2kam+l(kb)}]= 0 (3-11)

For a non-trivial solution, the characteristic determi-
nant of this set of equations must be zero. This condition
leads to the frequency equation, which can be solved by
computer methods. Then, introducing the calculated eigen-
values Ams=kmsb (m,s : numbers of nodal diameters and
circles) into the system of equations, it is possible to
calculate the arbitrary constants A, B, C, and F. Conse-
quently, the dynamic deformation curves and the nodal lines
position are obtained.

The vibration of the wheel simply supported at the
contacting point with the guide wheel is dealt. In this
case, a reactive force P acts on the contact point

(ro,eo). The equation of motion becomes
DV4w - phwzw = P(r,0) (3=12)

We assume that w is given in the form of a series of

the eigenfunctions w o as
iwt
W_mzscmswmse (3-13)

Since the force P acts only at the contact point, P can be
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given by Dirac's delta function as

P = Poa(r-ro>6{r(e-<%)}eﬂ”t. (3-14)

Substituting Egs. (3-13) and (3-14) into Eq. (3-12),

the following equation is obtained.

L _ 2 o - _ 3=
DV*IC W o = phw zcmswms POG(r ro)d{r(e eo)} (3-15)

Since the eigenfunction W satisfies Eq. (3-1), we obtain

DVHWms - phmmszwms =0 (3-16)

where U)ms is the natural angular frequency. Also, the

eigenfunctions have the following orthogonality.

fgﬂfbw w_ _rdrdd = 0 for m#L or s#k (3-17)
0o "ams %k

Substituting Eq. (3-16) into Eq. (3-15), multiplying both
sides by wms, integrating over the surface of the wheel,
and with the use of Eq. (3-17), we obtain

22 2 -
oh(w W )Cmsffwms rdrdd = P w (ro,e

ms 0 ms ) (3-18)

0

The double integration is rewritten as,

2m.b ) _ 2 27
%% 2rardae = {b L(kmsb) a L(kmsa)}E

o & ms n
Whers E = { 1 for m=0
m 2 for m=1
and
L(Z)

=(1/2){3 *(z) + J_,,%(2) - (2m/2)J (2)J ,(2)}

m+1

+(l/2){fms(Z)}2{Ym2(Z) +Y lz(z) - (em/2)Y _(2)Y

(2}

+(1/2){g, (2)YHI 2(2) - I, 2(2) - (20/2)1 (2)T .. (2))

m+
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()}
(Z)Y (z)}
m

+(l/2){th(Z)}2{Km2(Z) = &

w1 (2) + (2n/2)K (2)K_

(z) + 4

m+1 m+1

+(l/Z)ng(Z){Jm(Z)Im
+(1/Z)th(Z){—Jm(Z)Km

+(1/Z)fms(Z)gms(z){Ym(z)I (z) + Y (z)Im(z)}

m+1
(z)

g, (28 (2)[T (2)K (2) + (m/2){I (2)K_,,
(z)]

(z) + o

m+1

—Im+l(Z)Km(Z)} + Im+l

+(1/Z)th(Z)fmS(Z){—Ym(Z)K

(Z)Km+l

(Z)X (Z)}

mt+l al m )

= = / =

- Bms/Ams: 8ns Cms’Ams’ M Fms/Ams .

From this equation, Cms is obtained. Substituting CmS into

Eq. (3-13), the displacement of an arbitrary point is given
as,

wms(x',e)wms(x' ,60)

0
= T 2
ms ph(wmS w )ffwms rdrdsf .

w(r,o) (3-19)

Since we assume that the contact point is simply supported,
the displacement of the contact point must be zero.

2
Wms(ro’eo)

wir. 6.) =32 —— A _
0, 0 ms phlw “-w )ffwmS rdrdd . (3-20)

From this equation, the natural angular frequency can
be obtained under the condition that the wheel is simply
supported at the contact point. Also, the mode of vibra-
tion is given by substituting CmS into Eq. (3-20). These

modes are referred to as antisymmetric modes.
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When the displacement of the eigenfunction at the
contact point is zero, the eigenfunction consequently satis-
fies the supporting condition. Then, the eigenfunctions
with m =7/2 also become the solutions, and these modes are
named symmetric modes.

The natural frequencies are given by

Fom L =A2h /| _Eg
- o 2 -b2 12(1-D2)Y . (3—21)

3.2.2 Result of numerical calculations

The numerical calculation is carried out with the

following figures.

inner radius (a) : 25.0 mm, outer radius (b) : 5 mm,
4 2 -

E : 2.1x10 kgf/mm , p : 7.86x10 = kgf secz/mm4,

Y r B8

The calculated eigenvalues Ams's are shown in Table 3-1.

These eigenvalues also become the eigenvalues of the symmet-
ric modes. Then, substituting these eigenfunctions into
Eq. (3-20), the eigenvalues of antisymmetric modes A's are
calculated. The mode shapes with contour lines of A=2.833
and A=3.442 are shown in Fig. 3-3. These results will be
compared with the experimental ones later. The eigen-
values, natural frequencies and the symmetric and the anti-

symmetric modes are shown in Fig. 3-4.
3.2.3 Experimental apparatus

The experimental apparatus shown in Fig. 3-5 is com-
posed of a press device, a test wheel, a guide wheel which

simulates a rail, and a motor. The press device gives the
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necessary load to the test wheel by a coil spring, and the
load is measured by strain gauges attached to a plate
located between the coil spring and the test wheel. The
test wheel which is used in this section is shown in Fig.
3-1. The outer diameter of the guide wheel is 300 mm and
its thickness is 30 mm, The test thin wheel and the guide
wheel 1is made of S55C steel. Both of the wheels are
supported by plane bearings with forced lubrication. The
guide wheel 1is connected to the 1 HP motor by a plane

belt. The bed of the motor is separated from the bed of

the wheels in order to cut off vibration. The motor is
covered with a sound-proof box. The measurement system of
the vibration and the sound is shown in Fig. 3-6. The

vibrational acceleration is measured by a piezoelectric
accelerometer (Bruel and Kjaer4344). The sound pressure is
measured by a condensor microphone (Bruel and Kjaer 4131).
Both detectors' frequency characteristics are linear up to
20 KkHz. The spectrum 1is obtained by an FFT analyzer
(Nicolet 4404A).

3.2.4 Experimental procedure

Non-running experiment

First, the test wheel is set to contact with the guide
wheel with a load 50-150 kgf. White noise vibration is
given to the axial center of the thin wheel, and the
acceleration is measured by the accelerometer which is
attached to the rim. The frequency spectrum is investi-
gated by the FFT analyzer. Then, the thin wheel is sepa-
rated from the guide wheel, and the same experiment is

carried out. In the contact condition, the test wheel is
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excited by a harmonic force whose frequency is the same as
that of the peaks of the spectrum, and the mode shapes
are 1investigated by checking the phase angle of each
point. Also, Chladni's pictures of the mode shapes are ob-
tained. Furthermore, the vibrational characteristics of

the guide wheel are investigated.

Running experiment

The acceleration and noise of the running thin wheel
are investigated. The rotational speed is varied from 400
to 1500 rpm. The electric signal of the measured acce-
leration is transmitted through a slipring. The microphone
is located near the thin wheel. The rotational speed is
measured photoelectrically. The vibration of the bed is

also investigated.

3.2.5 Results of experiments

Non-running experiment

Figure 3-7 shows the acceleration spectra of the thin
wheel under the white noise excitation. The upper spectrum
of this figure is the result with the load, and the lower
one 1is without +the load. The resolving power in the
frequency range of 0-10 kHz is 25 Hz. The upper spectrum
has large peaks at 1000-1750, 1900, 2625, 3125, 4200, 5100,
6300, 7575, and 8300 Hz. The lower spectrum has large
peaks at 1400, 1900, 3125, 5100, and 7575 Hz. The ampli-
tudes of the peaks vary according to the position of the
accelerometer; the nearer the accelerometer is to the nodal

line, the smaller the amplitudes are.
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The mode shapes for each of the resonant frequencies
1750, 1900, 2625, 3175, 4200, 5100, 6300, 7500, and 8300 Hz
coincide with the calculated ones shown in Fig. 3-4. The
Chladni's pictures of the resonant frequencies 1750 and
2625 Hz are shown in Fig. 3-8. They agree well with the
theoretical predictions shown in Fig. 3-3.

The resonant frequencies of the guide wheel are 1825,

2250, 3725, 4700, 6050, 6900, and 9125 Hz.

Rolling experiment

Figure 3-9 shows the spectra of the vibrational accele-
ration and the sound pressure of the rolling thin wheel.
Both spectra are in a good agreement, and they have peaks
at 1400, 1750, 2600, 3125, 4250, 6300, 7500, and 8300 Hz.
From this, we can see that the noise is dominated by the
transverse vibration of the thin wheel. The high peak of
the sound pressure in the frequency range below 1000 Hz is
due to the vibration of the bed whose spectrum is shown in
Figure 3-10.

The frequency characteristics of vibrational accelera-
tion of the rolling and the non-rolling experiments are
similar. The peaks at 3725 and 6050 Hz of the rolling
experiment are due to the vibration of the guide wheel.
The vibration of the guide wheel slightly influences the
vibration of the thin wheel. Table 3-2 shows a comparison
between the theoretical and the experimental results. From
this table, we can see that all results agree well, and the
theoretical analysis, especially that of the antisymmetric
modes which is obtained under the assumption that the wheel

is simply supported at the contact point, is confirmed.
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3.3 Vibration of a Web Wheel
3.3.1 Theoretical analysis

The vibration of the web wheel is analyzed by Mindlin

theory5'6)

which includes the effects of the shear deforma-
tion and the rotatory inertia. First, the basic equations

are explained. The assumptions for displacements (ur, Ugs

uz) are
U, = zwr(r,e,t), (3-22)
U, = zwe(r,e,t), (3-23)
U, = wir,0,t), (3-24)

In this case, the moments Mr’ Me, Mr and shear forces Qr’

Qb‘are given by the following equations.

L, Y LI
M =1D + — (yp + — (3-25)
J or r r 06 ’
1 2, Y
My = D{—(y, + 5 (3-26)
r 96 dr e
D 19y, Y
Mg = —(1-v){=(—F - y,) + = (3-27)
2, r 90 3 7
oW
Q. =G h(lpr + =) , (3-28)
or
1l 3w
Qy = G’h(y, + — —) (3-29)
0 y
r 96

2
where, G'=7 /12G (G:shear modulus).
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The equations of motion for wr” we, and w are

aM - 5 B
ro, i aMre Mr Me . wr
- r /- Qr = — (3-30)
dr r 36 T 12 3t2
oM 1 M 2M oh3 32y
ro 0 0
= + = - Q = — = (3-31)
dr r 230 r 12 3t2 »
2
3Qr 1 aQe Qr 94w
+ —— 4+ — + P = ph—— (3-32)
dr r 39 r 3t2 .

Two of the plate displacement components tpr and we are
assumed to be expressed in terms of the potentials ¢ and H

which give rise to the areal dilatation and rotation as,

r =% Y36 , b3=83)
y, =3¢ _ M (3-34)
0 r 96 r .

When the external force P is negligible, the potential ¢ is

assumed to be (o-1)w, and the following equations are

obtained.
w = Wl + W‘2 , (3_35)
awl 3w2 1 3H
Yy = (ol—l) + (02-1) + - — (3-36)
r or or r 36
1 2w 1 du, 3H
Vo = (ol—l) - + (02-1) e e (3-37)
r 30 r 38 ar
2 2 = (3-38)
(ve + 6 )wl 0 ,
= 2 = (3-39)
(V + 62 )w2 o ,
(v2 + §,2)E =0 , (3-40)
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1

6.2,8.2 = —6_“[R+St{(R-8)2+Ls —uyl/2y
1, T8 5 O 0
= 2 2 b_a=1y-1

91,0, (62 .8, )(RdO s 1) R
632 = 2(R§,* - 871)/(1-v),

h? D pw?h
R = — . § = — 5 (SOL’ — .

12 G”h D

The solution of Egs. (3-38) to (3-40) are

W, = {AllJm(Glr) + Alem(Glr)}cosme, (3-41)
W, = {AElJm(62r) + A22Ym(62r)}cosm6, (3-42)
H = {ABlJm(63r) + A32Y(63r)}sinm6, (3-43)

When 622 and 632 are negative, Jm and Ym are replaced by

modified Bessel function Im and Km, respectively. By set-
. 2 2 2
ting R=S=0, 61 s 8 5 become § 0’
are reduced to those of the thin plate theory which neg-

and the above equations

lects the effects of shear deformation and rotatory inertia.

In the next step, we derive the vibration of the web
wheel shown in Fig. 3-11. The basic equations explained
above are applied to the web and the rim independently. As
the boundary conditions we assume that the inner side of
the web is fixed, the outer side of the rim is free, and
the outer side of the web and the inner side of the rim are
continuous. In the following equations, suffix W and R
represent the web and the rim, respectively.

The displacement and slopes are zero at r=a.

w =0 (3-44)
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wr,r=a =0 9 (3-45)

W

Vo, r=a - 0 - (3-46)

The moments and the shear force are zero at r=b.

R _

U (3-47)
R

Mre,r=c =0 , (3-48)
R

QU poe T 0. (3-49)

The following equations are derived from the condition of

continuity at r=b.

r,r=b = Yr=p , (3-50)
wr,r=bw = wr,r=bR, (3-51)
"’e,r=bw = "’e,r=bR, (3-52)
Mr,r=bw = Mr,r=bR, (3-53)
Mre,r=bw = Mre,r=bR, (3-54)
Qr,r=bw = Qr,r=bR. (3-55)

Substituting Eqs. (3-41) to (3-43) for the web and the
rim into Egs. (3-44) to (3-55), simultanuous homogeneous
equations with the unknowns Aijk (i=w,R, j=1,2,3, and
k=1,2) can be obtained. Elimination of the determinant of
these coefficients yields an equation for the determination
of the natural frequency. Then, by solving the simul-

taneous equations, the mode shapes can be obtained.
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3.3.2 Results of numerical calculations

The calculated natural frequencies of the web wheel
are shown in Table 3-3. In order to investigate the
effects of the shear deformation and the rotatory inertia,
the natural frequencies obtained by the thin plate theory,
which was mentioned in section 3.2 are also shown in the
same table. Since the natural frequencies are inversely
proportional to the size of the wheel, the natural frequen-
cies of the actual wheel are 1/6 of those of the test
wheel.

The displacement curves of the mode shapes of the web
wheel in the circumferential direction are constant for
m=0, and sine curves for m are greater than O. The
displacement curves in the radial direction are shown in
Fig. 3-12 by solid lines. The curves for a circular plate
which has a uniform thickness of 5 mm are also shown by

dotted lines in the same figure.
3.3.3 Experimental results

The vibration and the noise of the web wheel are
measured. The experimental procedure is similar to the one

used for the thin wheel mentioned in the previous section.

Rolling experiment

The frequency spectra of the sound pressure and the
vibrational acceleration in the axial direction of the web
wheel which is rolling with a 50 kgf load and a 1000 rpm
rotational speed are shown in Fig. 3-13. The vibration of

the rim has the same frequency spectrum as the web. The
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vibrational amplitudes of the web and the rim are in good
agreement with the theoretical results shown in Fig. 3-12.
When the load and the rotational speed are varied, the

frequencies corresponding to the peaks are constant.

Non-rolling experiment

Impulse response of vibration of the web wheel which
is separated from the guide wheel is shown in the bottom
row of Fig. 3-13. The mode shapes and displacement curves
are 1in good agreement with the theoretical predictions

shown in Fig. 3-13 and Fig. 3-12.

3.3.4 Discussions on results

In the theoretical analysis, the vibration of normal
mode of the web wheel is obtained under the boundary condi-
tion that the whole outer circumference is free. There-
fore, the natural frequencies obtained here correspond to
the symmetric modes. However, since the wheel contacts
with a rail, the antisymmetric modes due to this contact
condition should be taken into consideration. In the case
of the experimental apparatus, the spectrum of the rolling
vibration shown in Fig. 3-13 has small peaks at 9500 and
15000 Hz. These peaks seem to be due to the antisymmetric
modes. However, the antisymmetric modes are not discussed
in this chapter because the coupled vibration of the wheel
and the rail will be studied in chapter 6.

As noted before, the wheel's thickness is considerably
large compared with its diameter. Therefore, in the theo-
retical analysis, the effects of shear deformation and

rotatory inertia are taken into consideration. As shown in
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Table 3-3, the natural frequencies obtained by the thick
and the thin plate theories are almost identical in the low
order modes. However, the latter is considerably higher
than the former in the high order modes. For example, the
natural frequencies of (5,0) mode are 17014 Hz (thick plate
theory) and 22564 Hz (thin plate theory), and its rate of
increase is 32%. The web wheel which is used in this
experiment does not have many high order modes in the audio
frequency range, 20-20000 Hz. However, the wheel with the
actual size has many high order modes in the audio frequen-
cy range, and so they should be obtained by the thick plate
theory.

Comparing the displacement curves of the web wheel
with the circular plate with a uniform thickness of 5 mm in
Fig. 3-13, there is little difference between them for the
modes with s=0. For the modes with s which is greater than
0, the amplitude of reflection at the rim is small, and the
nodal circle shifts to outer portion. These tendencies
become more apparent when the thickness of the rim

increases.

3.4 Conclusions

In this chapter, the transverse vibrations of the thin
wheel and the web wheel are analyzed theoretically. Also,
the vibration and the noise are experimentally investi-
gated. Then, the following conclusions are obtained.

i) The noise is dominated by the transverse vibration of
the wheel.
ii) The vibrations of the thin wheel and the web wheel can

be theoretically analyzed by the thin plate theory and
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it )

iv)

Mindlin theory, respectively.

The frequency spectra of the vibration of the rolling
wheels are similar to those of the non-rolling wheels.
The vibrations of the wheels have symmetric and antisym-
metric modes, and the antisymmetric modes clearly
appear in the vibration of the thin wheel under high

load.
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Fig. 3-8 Chladni's pictures of the antisymmetric modes.
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Table 3-1 Calculated eigenvalues of the thin wheel.

m=0 m=1 =2 m=3 m=4 m=5 m=6 m=7 m=8
2.655] 2.673] 2.948| 3.694| 4.712| 5.797] 6.886] 7.966] 9.040
6.727) 6.872| 7.305| 8.006/ 8.923]| 9.987]11.130{12.307 {13.490
11.443(11.542]11.841112.340]13.030(13.891)14.891{15.994 [17.161

(T S L (7]

Table 3-2 Calculated natural frequencies of the web wheel.

Ul o 1 B 8 4 5 6 7

1349 954 2305 6208 | 11300 | 17114 | 23378 | 29922
1376 1019 2854 7524 | 14170 | 22564 | 32140 | 41727

9140 9926 | 12084 | 15198 | 19164 | 23378 | 29448 | 35540
11252 | 13710 | 16898 | 20175 | 24542 | 30456 | 38408 | 49413

(Hz)

1

Table 3-3 Measured and calculated natural frequencies of
the thin wheel.

@DDR D ®BD R R D
IZ;Zii;ig:i 1758 | 1904 | 2595 | 2989 | 4162 | 4864 | 6255 | 7361 | 8504
Ralling tex. 1750 | 1900 | 2600 | 3125 | 4275 | 5050 | 6300 | 7500 | 8300
g::;::éligf 1750 | 1900 | 2625 | 3175 | 4200 | 5100 | 6300 | 7575 | 8300
I:Z;;:Z%icilngx. - 190 i 3175 = 5100 I 7575 S
(Hz)
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CHAPTER 4 EFFECTS OF VELOCITY, LOAD AND CONTACT ANGLE

4.1 Introduction

In chapter 2, the relation between the noise and the
train velocity of the Shinkansen was discussed. In this
chapter, the effects of the velocity and load on the noise
and vibration are investigated by making use of the experi-
mental apparatusl). When a train is traversing on a curve,
large noise 1is generated. In this study, the curve is
simulated by a contact angle between the wheel and rail.

The effect of the contact angle on the vibration and noise

is also experimentally investigated.

4,2 Experimental Results

4.2.1 Web wheel

Figure 4-1 shows the schematic diagram of the contact
angle between the wheel and the guide wheel, which simu-
lates the situation of a train traversing on a curve.
Figure 4-2 shows the relations betweeen the rotational
speed and the total levels of the vibrational acceleration
and the sound pressure for several contact angles, in which
the load is 30 kgf. When the rotational speed is doubled,
the acceleration level increases by about 8 dB and the
sound pressure level by about 3 to 4 dB. Both levels in-
crease significantly as the contact angle increases. How-
ever, the load hardly has an influence on both levels.

Figure 4-3 shows the frequency specra of the accelera-

tion and the sound pressure for o=0 and 0=0.01. As shown
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in this figure, the peaks at the natural frequencies become
higher and sharper with the increase of the contact angle.

When the rotational speed increases, the levels of the
peaks increase, however the shapes of the spectra are
almost the same. The influence of the load on the levels

and spectra of both vibration and the noise is negligible.

4.2.2 Thin wheel

Figure 4-4 shows the wave forms of the vibrational
acceleration and the sound pressure for a=0. When the
rotational speed increases the amplitudes of the vibration
and the noise increase. The large amplitude oscillations
appear at the large corrugations. The intervals between
these oscillation become shorter with the increase of the
rotational speed. When the contact angle increases, the
amplitudes become larger. The web wheel has the same
tendency as the thin wheel.

Figure 4-5 shows the spectra of vibrational accelera-
tion of the thin wheel for several rotational speeds and
loads. When the load is 120 kgf, all peaks increase with
the rotational speed, but when the load is 30 kgf, the
peaks of the symmetric modes (3125, 5050, 7500 Hz, etc.)
increase more than those of the antisymmetric modes as
shown in Fig. 4-6.

In Fig. 4-5, the peaks for high rotational speed are
divided into two. The modes of vibration are formed on the
disk. However, they are immediately attenuated, and new
modes whose nodal lines pass through the contact point are
formed because the propagation velocity of flexural vibra-

tion which generates the modes is high enough. Therefore,
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the modes are considered to be stationary in space, and the

deflection w of a symmetric mode is given as,
w = A(r)sin(mwzt)cos(wt),

where, A(r) : the maximum amplitude at radius r,
m : the number of diametric nodal 1lines,
wz ¢ the angular frequency of rotation (1207n),
n : rate of rotation of the wheel (rpm),
w : the natural frequency.

This equation is rewritten as,
w=1/2 {A(r) sin(w+mwz)t + sin(w—mwz)t}.

The angular frequency is divided into (M+mwz) and (w—mwz).
When nwgis small compared with w, there is little diffe-
rence between 0u+mwz) and (w—mwz). When the rotational
speed and the number of diametric nodal lines are large,
the spectra have peak splits. For example, when m=4 and
n=600, 1000 and 1400 rpm, the distance of the peak splits
are 80, 133 and 186 Hz, respectively. The peaks of the
antisymmetric modes are not so sharp as those of the symmet-
ric modes, because they are given by the sum of symmetric
modes.

In case of the thin wheel, the antisymmetric mo@es and
the peak splits clearly appear, while in case of the web
wheel, they do not. Since the wheel is thin enough com-
pared with the guide wheel, the boundary condition at the
contact point is assumed to be simply supported. However
in the case of the web wheel which is considerably thicker,

this assumption can not be adopted.
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4.3 Conclusions

In this chapter, the effects of the rotational speed,

the load, and the contact angle on the vibration and the

noise are investigated experimentally. Then, the following

conclusions are obtained.

i) The vibration is dominated by the corrugation and the

roughness of the contact surface of the wheels.

ii) When the rotational speed of the web wheel is doubled,

iii )

the total level of the vibrational acceleration increa-
ses by about 8 dB, and that of the sound pressure by 3
to 4 dB. However, the load does not influence on the
total 1levels. The spectra of the vibration and the
noise are not influenced by the rotational speed and
the load.

The vibration and the noise increase remarkably with

the contact angle.

iv) When the wheel is considerably thinner than the guide

wheel, the antisymmetric modes become significant under

the high load.
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CHAPTER 5 ACOUSTIC RADIATION

5.1 Introduction

The relation between the sound and the vibration is
important in the study of the noise generated by the
train's wheel. In this chapter, acoustic radiation coeffi-
cient W/H is introducedl), in which W is the radiated
acoustic powerz) and H is the mechanical power of the
vibrating wheel. The characteristics of the noise are
theoretically investigated by means of the acoustic radia-
tion coefficient of the normal modes. Furthermore, the
theoretical calculation for the thin wheel and the web

wheel is carried out. These results are compared with the

experimental results.
5.2 Theoretical Analysis

Figure 5-1 shows the polar coordinates for this analy-
sis. On the assumption that point B on the disk is a sound
source, the velocity potential at A on the disk due to a

small elementary area dB, distant R from B, is

ww(r 0 )dB .
. 2272 i t-kR
d¢ = i e1lu ), (5-1)
2mR
_ 2, 2_ -
R /;l . 2rlr2cos(e2 el) ,

where :angular frequency,
w:amplitude of displacement,
k:wave number (w/c).

c:sound velocity.
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The total sound pressure at A will be obtained by integra-

ting the contributions from the whole surface of the disk

and so,
ww(r,.,0.)
_ 2T ,.b 2°°2 i(wt-kR
¢ = fo fa T e )rzdr2d62 (5-2)

Also, the sound pressure generated from the back side of
the disk has an effect on the velocity potential at A, but
it is diffracted by 180 degrees, therefore, the velocity
potential from the reverse side is negligible, The sound

pressure at A is given by

int

¢ e w(r,.-6,) .
P = g— = —guw? fzﬂfb —2 e e_lerzdrgde2
3t o o @ R ’

(5-3)

where p” is +the equivalent density of the transmitting
medium. The particle velocity v at the surface is equal to

the vibration velocity of the disk.

int
A 5-4
v = 1ww(rl,el)e ) ( )

The acoustic power dW of the elementary area dA at the
point A is

dw = R_(p)R _(v)dA

_ ;27 b wlr,,0,)
2T 0

{sin(wt)cos(wt)
a R

cos(—kR)-sinz(wt)sin(-kR)}rzdr2d62dA . (5-5)

The total acoustic power W can be obtained by integrating

dW with respect to dA and making a time average, and
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multiplying by two (the reverse side has the same power) .

‘w3 w(r,,o )
S pw m.b 21Tb 2 2
0 = f§ fa{w(rl,el)fo I -
2T
sin(kR)rzdrgdee}rldrldel . (5-6)

On the other hand, the mechanical power of the vib-

rating elementary area dA is

— yh _
A = — wvZ2dA R (5-7)
g
where 1 .
2 = e
vZ = 3 w?w (rl,el) ,

and, vy:specific weight of the plate, h:thickness of the
plate. Integrating dH with respect to dA, the mechanical

power H is
_ th3 T b
H = 27 °w2(r. .0, )r.dr.as (5-8)
2g

5.3 Numerical Calculations and Discussions

The numerical calculation of the coefficient W/ﬁ for
three kind of thin disks with an uniform thickness is
carried out. One of the disks has 50 mm inner diameter and
150 mm outer diameter which is used in the previous chap-
ters, another has 100 mm inner and 300 mm outer diameters,
and the third has 150 mm inner, 450 mm outer diameters, and
all are of 5 mm thickness. The boundary conditions are

that the inner circumference is fixed, the outer is free,
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and one point on the outer circumference is simply sup-
ported. The results are shown in Figs. 5-2, 5-3, and 5-4,
in which fC is the coincidence frequency where the velocity
of the sound wave in air and that of the bending wave of
the plate are equal as,

c? M

fc = — e (5-9)
2m B )

where, B=EI/(1-v 2), M=ph, I=h3/12.

The coincidence frequency of the steel plate with a
thickness of 5 mm is 2377 Hz. When the number of diametric
nodal lines m is O or 1, W/H has a large value, and with an
increase of frequency. W/H decreases rapidly, then increa-
ses again to a peak value, and finally monotonically dec-
reases. The disk with 150 mm outer diameter has a peak at
fEEZfC. Comparing these three figures, we see that as the
diameter increases, the frequency of the peak approaches fc
and the value of the peak becomes larger. In G&sele's
coefficient3), when the plate is infinite, the radiation
coefficient is O at f(fc, infinite at f=fc, and then
monotonically decreases to 1 at f>fc. However, the disks
have finite largeness, so the peaks are not infinite, and
W/H is not O at f<fc. When the size of the disk increases,
the frequency of the peak comes close to fc and W/H has
very small value at f<fc for the low order resonant vibra-
tions.

Figure 5-5 shows the experimentally measured frequency
spectra of the vibrational accelerations and the sound
pressures of the thin wheel disk. The rate of rotation is
1000 rpm and the loads are 30 and 120 kgf. In a comparison

between the values of the peak of the sound pressure and
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the vibrational acceleration, it is observed that the pre-
ssure is larger than the acceleration at 1500 Hz, the
former is smaller at 1750 and 3500 Hz, it is larger at 4000
Hz, and it is smaller at the frequency range above 4000 Hz.

The numerical calculation for the test web wheel which
is engaged by the web (h=5.0 mm) and the rim (h=20.6 mm) is
carried out. Table 5-1 shows the calculated W/H. The W/H
of the test web wheel is small and remains constant com-
pared with those of the thin disks. The reason is explain-
ed as follows. Since the kinetic power is proportional to
the thickness, the acoustic radiation coefficient of the
web wheel, whose rim is considerably thick, is small.
Also, tﬁe naturai frequencies of the web wheel are determin-
ed by the shape of the rim. Thus, we may assume that the
coincidence frequency is about 577 Hz, because fc of a
plate with 20.6 mm thickness is 577 Hz. The natural
frequencies of the web wheel are much higher than fc,
therefore W/H is small in its frequency range.

Then, we consider the real size wheel. When the
wheels have -similar shapes, the natural frequencies are
inversely proportional to their size. Hence, in Eq. (5-7),
k=w/c is inversely proportional to the size, R is propor-
tional to the size, and finally kR is constant. Therefore,
it is noted that W does not depend on the size of the
wheel. Also, in the similar manner, the mechanical vibra-
tional power H is independent of the size. Then, the
acoustic radiation coefficient of the resonant vibration is
the same as the values which are shown in Table 5-1, in

which the natural frequency is multiplied by 1/6.
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5.4 Conclusions

When we deal with the noise from the thin wheel, we
have to pay attention to the very low order modes and the
modes whose natural frequencies are a little higher than
the coincidence frequency because their acoustic radiation
coefficients have large values. However, in the case of
the web wheel, its coincidence frequency is lower than the
natural frequencies, and it has no natural mode with sig-

nificantly large acoustic radiation coefficient.
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Fig. 5-1 Polar coordinates.
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Table 5-1 Calculated W/H
of the web wheel.

f(Hz) | W/H(x10™%)

954 6.18
1349 6.61
2305 5.75
6208 5.54

11300 5.73
17114 5.80

9140 18-85
9926 16.41
12084 17,35
15198 17.97
19164 18.45
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CHAPTER 6 COUPLED VIBRATION OF WHEEL AND RAIL
6.1 Introduction

In the previous chapters, the vibration of the wheel
was investigated. Since the wheel contacts with a rail,
their coupled vibration is investigated in this chap-
terl). The emphasis is placed on the vibration of the wheel,
and the rail is simulated by a beam with free ends. The
contact condition between the wheel and the rail is rather
complicated. However for the sake of simplification of the
theoretical analysis, they are assumed to be connected by a
spring. Under these assumptions, the coupled vibration is
theoretically analyzed, including the effects of shear
deformation and the rotatory inertia. Also, laboratory
experiments are carried out with a model composed of the

web wheel, the beam, and a connecting bolt, and the results

are compared with the theoretical ones.
6.2 Theoretical Analysis
The basic equation for the vibration of the web wheel

is the same as chapter 3. The equations of motion under an

external force P. are given by

T
oM 1oM, M - M poh3 32y
—L oy 33 4 L N (6-1)
or r 36 r r 12 at2 s

Mo 1oM,  2M oh3 8211»6

+ — + 24 -Q = — (6-2)
ar  r 90 ¥ 1o a2,
2

Q. 1aq, Q. 32w
—_— - — 4+ — 4 Pl = ph — (6-3)
or r 06 r ot .
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Since the external force Pl acts only on the contacting

point (rO eo) with the rail, p1 is expressed by Dirac's
Delta function as

)1t (6-4)

P, =P G(r—ro)d{r(e—eo .

1. 10

w, U, we 5 Mr’ M, Qr’ and Qe are assumed to be

badc)
given in the form of series of the eigenfunctions Wms’
hich
wr,ms’ 11)G,ms’ Mr,ms’ Mre,ms’ Qr,ms’ g Qe,ms’ WALEL Wel'e
obtained in chapter 3 as follows:
iwt iwt

w=} C w e , U=z C ¥ e , *** ete. (6-5)
ms ‘ms ms g ms ‘ms'r,ms

where, Cms's are arbitrary constants which are determined
in such a manner to satisfy the contact condition with the
rail. Substituting Eq. (6-5) into Egs. (6-1) to (6-3), the
following Egs. (6-6) to (6-8) are obtained.

& 13 C M L C M - C M
ms ms r,ms . _ _mS ms r6,ms Ly Msms rms msms 6,ms

or r a6 r
- __peh3 o,
ms msQr,ms R - %s mswr,ms ” Le-6)
r C M 138 C M 2L C M
ms ms ro,ms 4 — s ms 6,ms 4 s ms ro.,ms
or r a6 1
3
ph 2
_ (6 T e i ¥y e (6-7)
%s msQe,ms 12 © ms mswe,ms "
L il
ms msQr,mS n __a%scmsQe,ms . %scmsQr,ms
or e a0 r
" . e 3 6-8
+ Ploé(r rO)G{r(e GO)} phw %scmswms (6-8)

The eigenfunctions satisfy the homogeneous equations (P1=O)

of Egs. (6-1) to (6-3) as,
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oM M M - M ph3

r,ms . _ré,ms . _r,ms I8, Q = -—u %
ar 36 r ok 12 TS,
(6-9)
3
Mg s L %% ne Mg o .
b + — + i Q - T @ 24}
or r 36 r S 12 M 0.ms,
(6-10)
3Q 1 9Q Q
r,ms . _ 6 ,ms 4+ L.mS _ -phw 2y (6-11)
o v 50 r ms ms .,

where W is the natural angular frequency.
Substitution of Egs. (6-9) to (6-11) into Egs. (6-6)

to (6-8) gives

13
i 22 = (6-12)
%sp 12 (wms w®) Cmswr,ms &
% fy 2o
%sp 12 Yms Cmswe,ms - e (6-13)
22 - _ - .
%Sph(wms w?) CmswmS Ploé(r rO)G{r(e 60)} . (6-14)
. . o B
The eigenfunctions have the normal orthogonality as
1® h3
fzﬂfbp(——'w R + — Y. ..U +hw,. .w._)rdrdd = §
0 a 12 r.ij r.nd 12 0515 085kL ij k2 ij,.ke,
(6-15)
where a: inner radius, b: outer radius, and
Gij,kl = [ 1 for i=k and j=1
0 for izk or j#l.
Multiplying Egs. (6-12) to (6-14) by wr,ms, we,ms, dw

respectively., summing all of them together, performing the
integration over the plate surface, and making use of Eq.

(6-15), the following equation is obtained.

(w 2-02)c =P w ( ) (6-16)

ms ms 10 ms rO’eO
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The displacement w is obtained by substituting Eq. (6-16)
into Eq. (6-5) as

w(r,0) = 2

A 7 g (e=1W)

Finally, the displacement at the contact point is given by

2(y ,0.)

W r.,

wlr ,8) =t s OF 0 o (6-18)

(U) 2_(»2 lO
ms

The rail is assumed to be a Timoshenko beam3) which
considers the effects of shear deformation and rotatory
inertia. Let Yy denote the slope of the deflection curve
when the shearing force is neglected, and B the angle of
shear at the neutral axis in the same cross section, then

we find for the complete slope

oy
_ = w + B (6—19)

9x )
From the elementary theory of bending, we have for bending

moment and shearing force the following equations.

oy
M =EI — (6-20)
ax
oy
V= —k'BAG = =k'(— - ¢) AG (6-21)
ox 2

in which, k' is a factor depending on the shape of the
cross section; A 1is the cross sectional area; G is the
transverse modulus of elasticity; and I is the moment of
inertia. The differential equations of rotation and trans-
latory motion in a vertical direction are

M 32y

— -V = PI— (6=22)
3x 3t
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P\ 32y

- —+ P, = pA — 6-23
09X 2 at% - ( )

Since the external load P2 acts only on the contact point

(x.) with the wheel, P

0 5 18 expressed by

t

_ iw
P, =P 6(x—x0)e (6-24)

2 20

Let M, V, ¢y, and y be given in the form of series of the

eigenfunctions of the beam Mm, Vm’ wm, and Yo respectively.

_ iwt _ int ..
M = %CmMme , vV = %CﬁVhe etc. (6-25)

b

Since these eigenfunctions are the solution of Egs. (6-22)

and (6-23) with P,=0, the following equations are satisfied.

2
de
—= Y = = 2 -
- prm wm , (6-26)
ax
dvm
-— =- e’y (6-27)
ax

where w is the natural angular frequency. Also the eigen-

functions have the normal orthogonality as

l = -
fop(1¢iwj % Ayiyj)dx oF (6-28)

Substitution of Egs. (6-24) and (6-25) into Egs. (6—26) and
(6-27) yields

PI(w 2-w2)C y =0 |, (6-29)
m m m m

2 2 = ” 6-30
%pA(wm w?)C v P206(x xy) . ( )

Multiplying Egs. (6-29) and (6-30) by v and Yoo respecti-
vely, adding both together, and performing the integration

over the whole length, the following equation is obtained.
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- (x.)

2 -
(w = = w)c =P,y (x) (6-31)

Substituting Cm of this equation into Egq. (6-25), the dis-

placement y is obtained.

vy (x)y (x)
Z‘EL"ZTE%flg' p (6-32)
20
m (wm -w)

v(x) =

Finally, the displacement at the contact point is given as

B (6-33)

We assume that there exists a spring whose constant
is k between the wheel and the rail. Then, the exteternal
force P1O and P20 which work on the wheel and the rail,
respectively, are given by

P10

P20

k{-w(rg,e,) + y(xy)} | (6-34)

k{-y(x)) + w(ro,eo)} . (6-35)

Substitution of Egs. (6-34) and (6-35) into Egs.(6-18) and
(6-33) yields

wmsz(rO’eO)
W(PO,GO) = %s___7?_—_§r k{—w(ro,eo) +y(xo)} s (6~36)
(w - w)
ms
ym2(xo)
y(xo) =l ——— k{—y(xo) + w(rO,GO)} ) (6=37)
(wm -w )
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These equations are rewritten in a matrix form as

w 2 r. .6 2 N 7 ~ N
1k e O i _ ky_ oms g2 wlr.,6.) 0
ms ’
(wmsz_wz S (wmsz_wz) 0°°0
2
y_“(x.) (x.)
m 0 yoo\X
- k% 1 + ky L 0 y(x ) 0
((1) 2_ 2) m 2 2 0
T (0 2-w?) J
N m ,J " J #
(6-38)

From the frequency equation obtained from Eq. (6-38), the
natural angular frequency of the coupled vibration of the
wheel and rail is obtained. Substitution of the natural
angular frequency into Egs. (6-17) and (6-32) gives the

modes of vibration of the wheel and the rail.
6.3 Remarks on Experimental Procedure

In the practical system, the wheel contacts with the
rail at the wheel's periphery. In this case, not only the
force but also the moment acts on the beam at the contact
point. In this chapter, the wheel and rail system is sim-
plified as much as possible. To eliminate the moment, the
rail is located at the side of the wheel as illustrated in
Fig. 6-1. The rail is simulated by a beam with free ends.
The wheel and the rail are connected by a bolt of M4. The
spring constant k is varied by changing the length of the
bolt.

The acceleration pick-ups are attached to the wheel
and the rail. The acceleration under shock impulse is
measured. Their frequency spectra are obtained by a real

time, two channels frequency analyzer. In the beginning,
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the wheel and the rail are separated and their shock
response are measured. Then, both are connected, and the
spectra are measured by taking the length of the connecting
bolt and the 1location of the connection as variables.

Finally, the modes of vibration are investigated by check-

ing the phase lag at each point.
6.4 Results of Numerical Calculations and Measurements
6.4.1 Independent vibration of wheel and rail

The theoretical natural frequencies of the independ-
ent wheel and the rail are shown in Table 6-1. In this
case, the wheel and the rail do not have any contact
point. The experimental results are shown in Fig. 6-2. 1In
the experimental result of the wheel the peaks at (0,1),
(1,1), (4,1), and (0,2) modes which have circular nodes do
not appear. This is due to the asymmetry of the experimen-
tal apparatus and the impulsing point not being at the
center of the wheel. However, the other peaks at the
natural frequencies of both of the results are in good

agreement.
6.4.2 Coupled vibration of wheel and rail

When the connecting point is at the center of the
beam and the connecting spring constant is 1.27x108 N/m
(1.3x104 kgf/mm) the theoretical natural frequencies and
their modes of vibration are shown in Fig. 6-3. In this
figure, if the mode line of the beam is above the horizon-

tal coordinate, the vibrational phase of the beam is the
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same as that of the wheel at the connecting point; other-
wise, the phase is reversed.

Figures 6-4 and 6-5 show the measured frequency spect-
rum, with the bolt length being 10mm and 6mm, respec-—
tively. When the location of the acceleration pick-ups and
the impulsing point are varied, the peak levels change but
the peak frequencies do not. 1In these figures, symbols A,
B, C, etc. indicate the theoretical natural frequencies.
The theoretical frequencies and the measured frequencies
are in good agreement. Comparing Figs. 6-4 and 6-5, the
peak frequencies in Fig. 6-5 are slightly higher than those
in Fig. 6-4. This is because the connecting bolt of Fig.
6-5 1is shorter than that of Fig. 6-4, consequently the
spring constant k of the former is larger than that of the
latter.

Table 6-2 shows the theoretical natural frequencies
with three kinds of spring constant. The frequencies
increase with an increase in the spring constant. However,
the increasing rates of each natural frequencies are not
similar. Some of them increase much, and some slightly.
This is because the natural frequencies of the coupled
vibration exist between the natural frequencies of the
independent vibration of the wheel and the rail. There-
fore, when the neighbouring natural frequencies are close
to each other, the natural frequencies of the coupled
vibration do not change much with the spring constant.
When the spring constant is larger than 9.8x108 N/m, the
natural frequencies are almost the same as the natural
frequencies of the coupled vibration with k=co. When Kk
decreases, the natural frequencies converge to the natural

frequencies of the free independent vibration of the wheel
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and the beam.

Figure 6-6 shows the theoretical natural frequencies
and their modes of vibration when the connecting point is
at a distance of 53 mm from the edge of the beam and
k=l.27xlO8 N/m. Figure 6-7 shows the experimental results
of the shock response under the same condition as the
theoretical results mentioned above (bolt length is 6 mm).
In this figure, symbols A', B', C', etc. indicate the
theoretical natural frequecies. Since the connecting point
is not at the center of the beam, there are modes of
vibration which have odd numbers of the nodal point in the
beam. This can not be seen in the case when the connecting
point is at the center of the beam.

The theoretical results are slightly different from
the experimental ones. In the theoretical analysis, the
moment at the connecting point is ignored. Therefore, if
the moment is taken into consideration, the theoretical
results are expected to be in a better agreement with the

experimental results.
6.5 Conclusions

The coupled vibration of the wheel and the rail is
investigated theoretically and experimentally by making use
of a simple model which is composed of the web wheel , the
beam with free ends, and the connecting bolt. The coupled
vibration is analyzed under the assumptions that the web
wheel is a Mindlin plate, the beam is a Timoshenko beam,
and the connecting bolt is a spring. This theoretical
analysis is confirmed by the experimental results. This

method can be applied to the theoretical analysis of the
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coupled vibration of the practical wheel and rail.
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Table 6-1 Theoretical natural frequencies of
the independent wheel and rail.

Plate  (m,s) Beam (1)
954 Hz (1,0) 873 Hz (2)
1349 (0,0) 2357 (3
2305 (2,0) 4491 (D)
6208 (3,0) 7168 (5)

9140 (0,1 | 10290 (6)

9926 (1,1) | 13766 (7)
11300 (4,0) | 17519 (8)
12084 (2,1)
15198 (3,1)
17114 (5,0)
19164 (4,1)
19577 (0,2)

73



Table 6-2 Theoretical natural frequencies of
the coupled vibration.

k=9.8x106N/m | 9.8x107 | 9.8x108
(1.0x103kg/mm)[(1.0x10%)[(1.0x10%)

300HZ 355 362
899 901 901
1164 1214 1218
1704 2147 2172
2397 3576 3961
4552 5303 5944
6223 6453 7711

10314 10499 10744
11331 11568 11768
12116 12634 14938
15202 15252 16364
17115 17126 17158
17533 17677 18598
19167 19189 19245

74



CHAPTER 7 VIBRATION OF A SPOKE WHEEL AND ITS NOISE
REDUCTION

7.1 Introduction

In chapter 3, the vibration of the web wheel was
investigated, and it was found that the vibration of the
web is not negligible compared with that of the rim. The
web generates considerablly large noise because of its
large area. From this point of view, a spoke wheel is
expected to reduce the noise.

In this chapter, the vibration of the spoke wheel is
analyzed theoretically under the assumption that the spokes
are springs which support the rim. The results of this
analysis is compared with the experimental ones. Also, the
noise caused by the spoke wheel is compared with that by
the web wheel, and its characteristics of the noise reduc-

1)

tion are investigated °.

7.2 Theoretical Analysis

Since the spokes of the wheel shown in Fig. 7-1 are

assumed to be springs supporting the rim, the external

force and the moments which act on the rim are given by;

8
P = = (7-1)
P —zgleé(r—rl)é{r(e 62)} 3

T )6{r(6-6)} (7-23
Mr =5L§er,26(r—r2 r(e-6,)},

M : s )8{r(6-6_)} (7-3)
Mg = oZ1Me,0 (r-r,)6{r{6-6,)},
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where (rl,el : 1=1,2,-++,8) are support points.

The equations of motion of the rim become

M 1 oM M - M ph3 32y
0 0 — r

= el p -t M = — (7-4)

or r 30 r 12 at2
3 a2
M, 1 aMe 2M _ ph3 3%y
+ == + - Qe + Mre = —————— (7_5)
or r 90 r 12 at2 5
2-

aQr 1 aQe Qr _ 4w
—_—t -+ — 4+ P = ph — (7_6)
or r 36 r at2 .

Then, the deflection w, slopes wr’ we , etc. are given in
the form of a double series of the eigenfunctions of the

rim with free inner and outer circumferences as,

W=I C W ,¥ =3 C =3

Y ,¥Y=zxC V¥ , ...etc.
m,S ms ms r m,s ms r,ms 6 ms ms O,ms

(7-7)

By the same procedure as in the previous chapter, we

obtain

(o 2-w?) = fgﬂfZ(§W + My + M

drd®6 »
ms ms ms r’'r,ms rewe,ms)r FEH. {78

Substitution of Egqs. (7-1) to (7-3) into Eq. (7-8) gives

( 8 )+M

Cos P s (T o0 )My ¥ (X058 )M g Vg s

L (rl,e )}

L

2_,.2
/(mms = ) . (7-9)

Substituting Eq. (7-9) into Eq. (7-7), the deflection and
the slopes are obtained as;

= +
W= g (Ppbing * M 1Crop * Mg, %1300 (7-10)

Vo= § (Pelong * M Gang * Mg Gogy) (7-11)
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Vo= § (Pelgpp * My yO3pp * Mg oCG33)) (7-12)

where

Gpq(750575507) = B g (7000 (11,0,)/ (o Pu®)
GlQZ(r’e;rZ’eZ) = %swms(r’e)wr,ms(rZ?eZ)/(wmsg_wz)3
Gl3l(r’e;rl’el) - %swms(r’e)we m ( 7> Z>/(wm52_w2)’
G212(r’e;rl’el) E ms r ér 0)w r )/(w 2— 2) ,
GQQZ(T’G;rZ’eZ) - %swr,ms(r’e)wr,ms(rl’ol)/(wmsz_wg) ’
65 (F:9577507) = Fot o (F50)¥0 s (700 (g =)
11110371507 = BV s (720 (7720207 (0 S,
C301(7505772597) = fic¥o,ns (400, (75870 i =),

G (rae§rzaez) =

331 (r,0)¥g o (r7:07)/ (0, "-u®)

%swe,ms

Denoting the spring constants of the spoke in the z,
wr’ and we directions by Kk, k , and ke, respectively, the

reactive force and the moments at the contact point is

given by
B, = - kW(rZ,el) , (7-13)
Moo= - kv (re,8,), (7-14)
Mre’l - kewe(rl,eg), (7-15)
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Substituting Egs. (7-10) to (7-12) into Egs. (7-13) to

(7-15), the following simultaneous equations for P M

1’ r,1°
and M (1=1,2,--+,8) are obtained.
ro,l
¢ 6
ng [ p
N * Cine 1208 C13ng 2
§
ng —
—— M = 0
k1 Co1ne N, * Coong Co3ng -
% 8
G G 8. g M
31nf 32nf K 33nL J ro, L
0 \
( n=1,2,"" 38)
(7-16)
where, Gijnl=Gij(rn , 0 n 3 Tpo el).

From the frequency equation which is derived from Eq.
(7-16), the natural angular frequency of the spoke wheel is

determined. Also, substituting the eigenvectors P M

1’ r,1’

and Mr into Egs. (7-10) to (7-12), the mode shape of

vibrat;L:Lis obtained

Since the wheel contacts with a rail on its tread,
the vibration of the practical wheel is complicated as
discussed in chapter 6. However, only a simple model 1is
discussed here. The rail is assumed to be a spring which

works in the z direction. By the similar procedure as the

above, the final equations of this case become
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ni N o \
. *Cling Ciong %13n2 1m0 Py
8
nf
Co1ng *Coony  Co3ng 2100 Moy
8 kl 2
z 5 = 0
=1 G c nf +G
31ng 32ng % 33n8 G31n0 Mre,l
0
1
1102 C1202 1302 ~* G100 ks
N \
(n=1,2,-+-, 8)

(7-17)

where K 1is the spring constant which supports the wheel,
and the suffix O represents the supprort point. From this
frequency equation, the natural angular frequencies and

their mode shapes can be obtained.

7.3 Comparison Between Results of Calculations and Experi-

ments
7.3.1 Vibration of rim

Table 7-1 shows the calculated natural frequencies
fms's of the rim whose shape is shown in Fig. 7-1. The
outside, midside and inside diameters, and the outer and
inner thicknesses are 150.0 mm, 129.0 mm, 119.0 mm, 20.6
mm, and 8.7 mm, respectively. In this table, m denotes the
number of nodal diameters, and the number of the circular
node is O for all modes. Fig, 7-2 shows the measured shock
response of the acceleration. These two results are in

good agreement with each other.
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7.3.2 Vibration of un-supported spoke wheel

In the case of the un-supported spoke wheel, there are
two types of mode, S-type mode and A-type mode. The nodal
line of the S-type mode passes through the neutral line of
the spokes, and that of the A-type mode passes through a
line equidistant from the adjacent spokes as shown in Fig.
7-3. The S- and A-type modes have the same frequency
equation except for the mode with m=4, and they consequent-
ly have the same natural frequencies. We do not have the
S-type mode with m=0.

Figures 7-4 to 7-6 show the relationship between the
theoretical natural frequencies and the spring constants k,
kr’ and k , respectively. In these figures, the abscissa,

dimensionless spring constants «, Kr, K,, are given by

0

K:k/ko, Kr=kr/k =k /k (7-18)

I‘O’ Ke 60’

respectively, where, k k and keo are the calculated

o’ 0’
static stiffness of the canzilever (length : 25.0 mm, width
: 12.0 mm, thickness : 8.7 mm) which simulates the spoke.

As shown in these figures, the natural frequencies
increase exponentially with the dimensionless spring con-
stants. From the restriction of the wheel's shape, the
dimensionless spring constants may be in a range of 10—1 to
101. In this range, the lower order modes are sensitive to
K.

Figure 7-7 shows the measured shock response of the
acceleration. From the calculated and the measured natural
frequencies, the dimensionless spring constants can be
assumed to be 0.4. The calculated natural frequencies with

these values are shown in Table 7-2. The calculated fre-
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quencies of the lower order modes differ from the measured
frequencies. The beam is assumed to be a cantilever in the
theoretical analysis; however, the spokes of the wheel are
elastically supported at the inner ends. Thus, the differ-
ence between the theoretical and the experimental results

are derived.
7.3.3 Vibration of supported spoke wheel

When the wheel is elastically supported at one point
of the tread in the 2z direction, the vibration has two
types of mode. One is a mode whose nodal line passes
through the support point, while the nodal 1line of the
other does not. The former is named S'-type, and the
latter A'-type. When the support point is on the spoke
diameter or is equidistant from the two adjacent spoke
diameter, the S-type and A-type modes obtained in the
previous section coincide with the S'-type modes. There-
fore, in this section only the A'-type mode is discussed.

The relation between the natural frequencies and the
spring constant K is shown in Fig. 7-8 for the case where
the contact point is on the spoke diameter. As shown in
this figure, the natural frequencies have a large increse
at Ké¥108 N/m. When K decreases, the natural frequencieg
approach to those of the un-supported wheel, and when K
increases they become close to those of simply supported
wheel. The mode shapes slighty vary with K. The natural
frequencies slightly depend on the location of the sup-
port. The measured shock responses of the wheel which
contact with the guide wheel are shown in Figs. 7-9 and

7-10. Figure 7-9 shows the case that the contact point is
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on the spoke diameter. Figure 7-10 shows the case that the
contact point is Jjust between the adjacent spoke dia-
meters. When the load is changed, the peaks hardly change
the position. The peaks appear at 1150, 2450, 6250, 12350,
and 17100 Hz, which correqund to the S'-type modes, and
2050, 4250, 7100, 11650, and 17550 Hz which correspond to
the A'-type modes. The peak at 3600 Hz is caused by a
natural vibration of the guide wheel. One of the peaks at
1500 and 1750 Hz is supposed to be the S'-type mode and the
other A'-type mode. However, it is difficult to distin-
guish them in this experiment because their frequencies are
too close to each other. Comparing Figs. 7-9 and 7-10, the
location of the peaks about 11000 Hz are slightly differ-
ent. This is because the natural frequencies of S-type and
A-type modes with m=4 are not equal. These measured fre-
quencies are slightly different from the calculated fre-
quencies. However, this can be improved by choosing the
values of the spring constants of the spokes adequately.

The practical wheel is supported by a rail not only
in the 2z direction, but also in other directions. Also,
the spring constant K varies with the load and the fre-
quency. However, for the experimental apparatus, the
assumptions in this chapter are considered to be adequate
to discuss the characterestics of the vibration of the

spoke type wheel.

7.3.4 Running experiment

Figures 7-11 and 7-12 show the frequency spectra of
the acceleration and the sound pressure of the wheel run-

ning with the guide wheel which has plane periphery. The

82



rotational speed and the load which are taken for this
experiment are 1000 rpm and 300 N, respectively. In this
experiment, even if the rotational speed and the load are
changed, the locations of the peaks do not vary. The peaks
of the acceleration spectrum in Fig. 7-11 are due to the
S'-type modes. The peaks of the sound pressure are due to
the 5'-type modes, in-plane vibration of the wheel, and the
vibration of +the guide wheel. The total 1levels of the
acceleration and the sound pressure increase with the rota-
tional speed.

The exciting force which causes the transverse vibra-
tion of the wheel is generated at the contact point with
the rail. The exciting force in the radial direction is
much larger than that in the axial direction. The spoke
wheel has larger exciting force in the radial direction
than the web wheel because of its shape. Also, the corruga-
tion and roughness of the rolling surface which cause the
initiation of the exciting force are not constant for
wheels. Therefore, by this experimental method, it is
difficult to compare the noise levels of the spoke wheel
and the web wheel.

Then, to simulate the condition that the train is tra-
versing the curves, the experimental apparatus is set to
have an angle o between the wheel and the guide wheel as
shown in Fig. 4-1. By this method, the exciting force in
the axial direction can be increased. The vibration with
0=2.7 is larger than that with a=0 by about 10 dB.

In order to investigate the levels at arbitrary fre-
quency, a guide wheel which has grooves (width : 0.2 mm,

depth : 0.2 mm, interval & 1.1 mm) on its periphery, as
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shown in Fig. 7-13, 1is used. With this grooved guide
wheel, the vibration and noise levels of different wheels
can be compared, because the amplitude of the vibration
depends on the condition of the contact surface, and the
grooves of the guide wheel is large enough to ignore the
corrugation and roughness of the wheel surface. The fre-
quency of the exciting force is denoted by fz (fZ=NZ, N
number of rotation, Z : number of grooves). By making use
of this grooved guide wheel with 0=2.7 , the vibration and
noise levels of the running wheels were measured.

The vibration and noise levels increase with fz, and
have large peaks of 20 to 30 dB at fz=fms. At fzzfmS/Z,
the levels also have peaks, but they are much smaller than
those at fz=fms. Only the spoke wheel has small peaks when
fz coincides with the natural frequency of the in-plane
vibration.

In order to compare the vibration and noise levels of
the spoke wheel and the web wheel, the peak levels of the
lower order modes, fzoi 2450 Hz, and f30=6250 Hz which are
dominant in the sound radiation at curves, are shown in
Table 7-3. As seen in this Table, the vibration of the
spoke wheel is smaller than that of the web wheel by 2 to 3
dB. Also, the noise of the spoke wheel is smaller than

that of the web wheel by several dB.
7.4 Conclusions

In this chapter, the transverse vibration of the spoke
wheel has been analyzed theoretically. Also, using a small
model wheel, experimental observations were carried out.

The results can be summarized as follows.
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i)

The vibration of the wheel can be theoretically ana-

lyzed by assuming the spokes to be springs which sup-

port the rim.

ii) When the wheel contacts with the guide wheel, the guide

wheel may be assumed to be a spring in the theoretical
analysis. The vibration has two types of mode, S'-type
and A'-type modes. Both appear in the non-running
experiment, but the S'-type mode is dominant in the
running experiment.

The noise radiated from the spoke wheel is smaller than
that from the conventional web wheel by several dB,
because the spoke wheel has smaller area of sound

radiation.

REFERENCE

1) Matsuhisa,H., et al., Proc.JSME, 824-9 (1982), 25.
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Fig. 7-12 Noise spectrum of the rolling spoke wheel.
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Fig. 7-13 Grooved guide wheel.

Table 7-1 Theoretical natural fre-

quencies of the rim.

m 2 3 4 5
£ (Hz)| 2273 6190 | 11180 | 16951

Table 7-2 Theoretical natural frequencies of the spoke
wheel.

m 0 1 2 3 4-5 4-A 5
f (Hz) 1548 1367 2610 6334 | 11260 | 11280

17024

Table 7-3 Vibration and noise
levels of the rolling spoke
wheel and web wheel.

Spoke | Web

wheel | wheel
ohs0 Hz |V | 82 gr| 85
N | 80 g1
6250 v | 88 90
N | 88 ok
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CHAPTER 8 VIBRATION OF A DAMPED WHEEL AND ITS NOISE
REDUCTION

8.1 Introduction

There are the spoke wheels, resilient wheels, and
damped wheels, which generate less noise than the conven-
tional web wheel. The spoke wheel, mentioned in the pre-
vious chapter, is expected to reduce the noise consi-
derably. The resilient wheel, whose rim and hub are
connected by a damping material, can also reduce the

1 2% 3)

noise However, it is difficult to use the resilient
wheel in practice due to its structural strength and cost.
The damped wheel is composed of a main wheel and a vibra-
tion absorber attached to the side of the main wheel. This
has been experimentally studied by several researcher54’5)
but there has been no theoretical study so far.

In this chapter, the damped wheel is investigated theo-
retically and experimentallye). The absorber is composed
of a thin annular steel plate and a damping material (ru-
bber) which are attached to the web. When the damped wheel
flexurally vibrates in the axial direction, there exist
shear forces among the main wheel, the rubber, and the
plate, and damping of the rubber works not only in the z
direction but also in the r and 6 direction. However, in
order to simplify the mathematical procedure of the theo-
retical analysis, the force is assumed to act only in the z
direction, and the rubber's mass is neglected. On these
assumptions, the transverse vibration of the damped wheel
is analyzed.

Several models of a damped wheel are constructed, and
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the characteristics of their vibration and noise are inves-
tigated experimentally. Especially, the relations between
the vibration and the noise reductions and the structure of

the absorber are investigated.
8.2 Theoretical Analysis

In this chapter, the loss factor is introduced to
discuss quantitatively the vibration of various damped
wheels shown in Fig. 8-1. In the beginning, the vibration
of the main wheel is analyzed. Let the complex Young's

modulus E* and the shear modulus G* be given as,
E*=E(1+iz), G*=G(1+ig), (8-1)

where ¢ is loss factor. Then, the moments and the shear

7
forces in the Mindlin plate ) are given by

*= i *= i *: i
Mr Mr(l+1;), M6 Me(l+1c), M Mre(l+1;),

ro
(8-2)
e 3 3t_ .
Q. —Qr(l+1c), Qg*=Qq(1+ig),
The equations of motion are
M ¥ 1 3M ¥ M¥_ M% oh3 32y
ro, _ rd + T 6 _ Q *= T
or r 26 r Too12 a2
M_¥ 1 oM * 2M * ph3 32y
# = + - Q= — i} > (8-3)
or r 06 T 12 3t2
aQ ¥ 1 Q * Q * 32w
e -
r o, - PR S Plelwt = ok
dr r 99 r 9t2 . J

The deflection w and others are assumed to be given in the

series of their eigenfunctions L/ and others as,
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e .
w: A mse ’ ‘Pr mscmswr’mse , etc.. (8-4)

Substituting these into Eq. (8-3), and by the similar pro-
cedure as in the previous chapter, the following equation

is obtained.

2 2
(wms* -w )Cms=fwaerdrd6, (8-5)

2
where W * =g 2(l+ic).
ms ms
We can also have the following equation for the plate
by the same procedure.

(w'* &

2
] 1 1 s
I -w )C =[/P'w rdrd® 3 (8-6)

where, suffix ' represents the plate.
The external forces P and P' are the reacting forces

by the rubber, so they are shown as,

) (8-7)

2

P=-P'=k* —w)=k*( z
(w'—w) &% t nt mscms ms

where k*=k(1+in), k:spring constant of the rubber, and n:
loss factor of the rubber. Since the integration area of
Egs. (8-5) and (8-6) is the surface of the plate, substitu-

tion of Eq. (8-7) into these equations gives

9 B
S L T vz .
(w s W) e l«l(pg " b 13013 i )w rdrde, (8-8)
2 2 om
' = c'  =k* z w' )w' .rdrdf. (8-9)
L L fof (lJ 151578 pe" pe’" nt

The eigenfunctions are given in the form as,

w (r,0)=W (r)cosms. (8-10)
ms ms

The Egs. (8-9) can be rewritten as
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r

g @ 2 Lo
i - Cc =k¥II (£Cc' [ ! - i
(w ms ¥ ) ms m(g mg rlw mgwmsrdr ijj rlwmjwmsrdr)’
(8-11)
r r
2 2 2
('3 _ 1 —k* ' Yot ' 1
(w'* -w)C' .=k Hm(gcmjfriwmjw Rty gC mgfrlw mgw qtFdr)
(8-12)
27 2 21 (m=0)
where Hm—fo cos mede—{TT (mz1) . (8-13)
To
Let I (i,j)=H S "W W .rdr, (8-14)
m m'r, mi’mj
&)
J (i,3)=0_J “w' W' _.rdr, (8-15)
m mr " mi’ m
r
I (1,j)=0 I 20 W' _rdr. (8-16)
m m r mi mj

Then, Egs. (8-11) and (8-12) are rewritten in a matrix form

as,

AC=uw2C ; (8-17)
where T

C:(le, sz, ., C'ml’ Clmz’...) ,

k*Im(l.l)«»’mlz k*I (1,2) o -kt (1,1) -k*L (1,2) ..1

k'Im(Z,l) k*Im(2,2)+w*m22 e -k*Lm(?,l) —k'Lm(?.2)
A

-k*Lm(l,l) -k'Lm(Z,l) e k*Jm(1,1)+w'*m12 k'Jm(l,Z)

-k*L_(1,2) -kt (2,2) e kN (2,1) k*Jm(z'z)*“"mzz'"

The complex natural frequency w=Q+ig is obtained by solving

the above set of equations.
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Now, we consider the displacement under the external

iwt ;
force Poe which acts on the rim (ro,e ). In the follow-
ing equations, the time term elujt will be omitted. The

external force is given by
— L % — —
P=k* (w'-w)+P6(r-r ) §{r (6 8,) - (8-18)

In this case, Eq. (8-11) becomes
r r

2 2 2
(w* -w )C = k¥*¥II (zC' J “w =
- m(g n mgwmsrdr §Cm.f

2
i g'r, wm.wmsrdr)

J rLm

+P w (8-19)

0 ms(rO’eO) .
The equation for the plate under the external force is the

same as Eq. (8-12), except w is replaced by 2. These two

equations can be rewritten in the following matrix form.
A'C=B , (8-20)
where A'=A-Q°E (E:unit matrix) ,

B=P0{wml(r0,e ), wmz(ro,eo),--- ,0, 0, «»« } 7.

From this simultaneous equation, the coefficients Cms and
C'nt are determined. Substituting these coefficients into
Eq. (8-4), the deflections w and w' under the external

force are obtained.
8.3 Results of Numerical Calculations

The numerical caluculation for the damped wheel shown
in Fig. 8-1 was carried out with.c=3.0x10_3 and PO=9.8N.
Table 8-1 shows the dominant natural frequencies fms of the
main wheel. The natural frequencies of the damped wheel
depend slightly on the structural shape of the absorber,
i.e. thickness of the rubber hr’ thickness of the plate hp,
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inner and outer radii of the absorber r, and r2. Only when

the fundamental frequency fpr of the absorber

1 Er

f el (8-21)
r 27/h hp
P rpp

(Er:rubber's Young's modulus, pp:plate's density)

is in the vicinity of fms, the natural frequency of the
damped wheel is divided into two.

Figure 8-2 shows the relation between the acceleration
levels of each mode and fpr’ in which the loss factor of
the rubber N =0.5, r1=31.0 mm, and r2=6l.0 mm. In this
figure, O dB represents the acceleration of the wheel
without the absorber, and the symbols A, B, C, D, E, F
indicate the modes shown in Table 8-1.

Here, we compare the vibration amplitudes and the

ms
plate has larger vibration than the main wheel. In the

phases of the main wheel and the plate. When fpr=f , the

other region, the main wheel has larger vibration. Concern-
ing the phase, at fpr<fms’ both have the same phases, at
fpr% fms’ the phase lag begins to appear and it increases
with fpr' This tendency depends on the loss factor n.
When n increases, the phase lag curve has a gentle slope.
When n increases, the vibration is reduced. One ex-
ample of the relation between the acceleration level and
is shown in Fig. 8-3, in which Er=4.9x108 N/m2, r1=31.0 mm,
r2=61.0 mm, hp=4.0 mm, and hr=5.0 mm. In this case,
fpr=8900 Hz. The mode whose natural frequency is near fpr

remarkably decreases in the acceleration level.

8.4 Experimental Results and Discussions
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Table 8-2 shows the shapes of the plate and the rubber
which are used in the experiment. The experiment has two
steps, non-running and running experiments. In the non-run-
ning experiment, the rim is sinusoidally excited by a
electromagnetic exciter. Since the exciter contacts with
wheel, the frequency spectrum slightly differs from that of
the wheel alone. For example, a peak at 3000 Hz appears
only in the coupled vibration of the wheel and the exci-
ter. Since the D, E, and F modes are dominant in the

radiated noise, mainly these modes are discussed here.
8.4.1 Non-running experiment

The acceleration level of a wheel only with the rubber
is shown in Fig. 8-4. In this experiment, natural and
nitrile rubbers are used, and the wheel of this type is
named as a rubber coated wheel. In this figure and the
following figures, the ordinate is set as 1g=0dB, and WSJc
represents the wheel without the absorber. Figure 8-5
shows the acceleration levels of the wheel with the ab-
sorber (PA, RA).

As shown in Fig. 8-4, the vibration of the rubber
coated wheel is slightly smaller than that of the standard
web wheel. However, the wheel with the absorber has
smaller vibration especially at the high order modes as
shown in Fig. 8-5. In Fig. 8-5, we can see that the
nitrile rubber has larger damping effect than the natural
rubber, except in the case of the D mode. This is explain-
ed by the loss factor of the nitrile rubber being greater
than that of the natural rubber. This corresponds to the

theoretical prediction, shown in Fig. 8-3, that the vibra-
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tion decreases with the loss factor. At the D mode, fpr of
the natural rubber is in the vicinity of f30’ and its vibra-
tion remarkably decreases.

Figure 8-6 shows the difference in the acceleration
between the absorbers (PA, RA) and (PA,RB) to investigate
the effect of the natural rubber's thickness. The wheel
with rubber RA (5 mm thickness) has smaller vibration than
the wheel with RB (2 mm thickness) in the low order modes,
and it is opposite in the high order modes. Because fpr of
the wheel with RA is in the low frequency region, and fpr
of the wheel with PB is in the higher frequency region.

Regarding the nitrile rubber, the same experiment is
carried out. The results show that the vibration decreases
with the rubber's thickness, but fpr does not have so clear
effect as the natural rubber.

From the above experiments, we find that the nitrile
rubber is more effective for the vibration reduction than
the natural rubber. Therefore, in the following experi-
ment, only the nitrile rubber is used.

We investigate the effects of the inner and the outer
radii of the absorber. Three kinds of the damped wheel are
built, W, (PA, RA) whose absorber is attached to the whole

1

area of the web, W2 (PC, RC) whose absorber is attached to

the outer half area of the web, and W3 (PD, RD) whose
absorber is attached to the inner half area of the web.
Figure 8-7 shows the experimental results of these wheels.
As shown in this figure, W, and W_ have smaller vibration

1 2
than W especially at the high order modes.

3’
Table 8-3 shows the theoretically calculated vibra-
tional 1levels of these three wheels. This corresponds to

the experimental results. From this we can conclude that
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the absorber should be located as much outside of the web
as possible.

The vibration amplitudes and the phases of the main
wheel and the plate of three damped wheels W1 (PA, RA), w4
(PB, RA), and W5 (PB,RB) are investigated. In general, the
main wheels have larger vibration than the plates. How-
ever, the plate has: larger vibration at 7000 - 8500 Hz for
wl’ 8000 - 10000 Hz for W4, and 8000 - 14000 Hz for ws.
The main wheel and the plate have the same phase angle in

the low frequency range. For Wl and W the phase lags

4’
begin to appear at about 10000 Hz, and they increase with
the frequency. The phase lag of W4 is slightly larger than

that of Wl. However, W_ does not have the phase lag in the

measuring frequency rangi (0-20 kHz).

Regarding the theoretical prediction, the plate has
larger vibration than the main wheel only at around fpr
Also, the phase lags begin to appear at fpr' When Er is
supposed to be 4.9xlO8 N/m2, fpr's of wl, W4, and W5 are
8900, 12600, and 20000 Hz, respectively. This theoretical
prediction considerably agrees with the experimental re-

sults.
8.4.2 Rolling experiment

The amplitude of the rolling vibration strongly de-
pends on the corrugation and the roughness of the contact
surface of the wheels. Since the corrugation and the
roughness increase with operating time, it is difficult to
keep the surface conditions constant. In this experiment,
the grooved wheel is used in order to compare the vibration

amplitudes of various wheels.
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Figures 8-8 and 8-9 show the vibrational accelaration
and the noise, respectively. Comparing Wst and W1 in Fig.
8-8, the absorber reduces the vibration by about 20 dB at
the D, E, and F modes, and the total level is decreased by
16.5 dB. The theoretical prediction of the vibration reduc-
tion shown in Fig. 8-2 is 8 dB at the D mode, 13 dB at the
E mode, and 8 dB at the F mode. These values are smaller
than the experimental results, but decreasing tendencies
correspond to each other.

As shown in Fig. 8-9, the noise is considerably de-
creased at the natural modes as well as the vibration, and
the total 1level is decreased by 16.7 dB. Then, we can
conclude that the damped wheel has enough effect in the
noise reduction.

(PB, RA) and W

Concerning the damped wheel W (PB,

4 5

RA), the same experiments as W1 were carried out. The re-

sults are similar to those of Wl.
8.5 Conclusions

In this chapter, the vibration of the damped wheel is
theoretically analyzed under the assumption that the rubber
is a spring with viscous damping which works only in the
axial direction. To be precise, the damping in the circum-
ferential and the radial derection should be taken into
consideration. We also have to consider the frequency
dependence of the rubber's Young's modulus and loss
factor. However, in order to have the outline of the vibra-
tion and the noise abatements, the theoretical analysis
mentioned in this chapter is useful. In this study, the

absorber is attached on one side of the web. However, it
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is possible to attach the absorbers on both sides. In this
case, we can expect further abatement.

The following conclusions for the effective damped

wheel are obtained.

i ) The rubber coated wheel does not reduce the vibration,
but the damped wheel composed of the main wheel, a thin

annular plate and a rubber can reduce the vibration by

about 20 dB.

ii) The rubber should have a large loss factor.

iii ) The absorber should be attached to the outer side of
the wheel.

iv) The vibration is remarkably decreased at the fundamen-

tal frequency of the absorber.
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Fig. 8-9 Noise levels of the rolling damped wheel.

Table 8-1 Natural frequencies
of the damped wheel.

frequency | mode
(Hz)| (m,s)

A 1349 (0,0)
B 954 (1,0)
C 2305 (2:0)
D 6208 (3,0)
E 11300 (4,0)
F 17114 {5:0)
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Table 8-2 Shapes of the rubber
and the plate.

Rubber Plate

RA (81,61;5) PA (31,61,4)
RB (31,61,2) PB (31,61,2)
RC (46,61,5) PC (46,61,4)
RD (31,46,5) PD (31,46,4)

Table 873 Theoretical acceleration levels

of the“dampéd wheel Wl’ W2, and W3.
Mode wl W2 w3

A 3.63 2.39 2.95

B 4.90 2.58 5.03

C 3+ 27 2433 1.27

D 7.66 7.87 0.61

E 12.79 12.49 3.28

E 8.05 7.43 4.39
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CHAPTER 9 CONCLUSIONS

The noise and the vibration generated by railways give
a great deal of annoyance to the residents along the tracks,
and their reduction is regarded to be of prime importance.
In this work, the general concepts of the noise and vibra-
tion caused by the Shinkansen were investigated. Then, the
transverse vibration of the wheel, which is one of the main
sources of the noise, was analyzed theoretically and experi-
mentally. Furthermore, noise reduction by using the spoke
wheel and the damped wheel was investigated.

In chapter 2, the general concepts of the noise and
the vibration caused by the Shinkansen was investigated by
the measurements and questionnaires. The residents have
been suffering from the noise and the vibration. For
example, more than half of people who live very close to
the track had headaches, and the houses were reported to
have damages such as cracks in the wall and failures of the
roof. From our investigation, we can say that the areas
within 100 meters from the tracks are not suitable for
comfortable living.

In chapter 3, the +transverse vibration of the web
wheel, which 1is commonly used in practical trains, was
analyzed theoretically by making use of the Mindlin theory.
The web wheel 1is simulated by a circular plate with a
stepped thickness. The effects of shear deformation and
rotatory inertia have important roles in the analysis,
because the thickness of the rim 1is considerably large
compared with the diameter.

In chapters 4 and 5, relations among the vibration,

the noise, the rotational speed, the load, and the contact
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angle were investigated. When the contact angle increases,
the vibration and the noise which correspond to the normal
modes of the transverse vibration increase. The vibration
and the noise increase with the rotational speed. The load
has influence on the spectra of the vibration and the
noise, but does not have influence on their total 1levels.
The very 1low order modes and the modes whose natural
frequencies are near the coincidence frequency are impor-
tant in the noise radiation, because they have large acous-
tic radiation coefficient which is defined by the ratio of
the radiated sound power and the mechanical power of the
vibrating wheel.

In chapter 6, the analytical method of the coupled
vibration of the wheel and the rail was developed. Since
the emphasis was placed on the wheel, the rail was simu-
lated by a beam with free ends, and both were assumed to be
connected by a spring. By improving the analysis of the
rail and the coupling condition, however, this analytical
method can be applied to the analysis of the practical
wheel and rail.

In chapters 7 and 8, the analytical methods of the vib-
ration of the spoke wheel and the damped wheel were deve-
loped, and their effects on the noise reduction were inves-
tigated experimentally. The spoke wheel can reduce the
noise by several dB, and the damped wheel by about 20 dB.
The noise reduction of the damped wheel depends on the
structure of the absorber, and the guides for the optimum
design were obtained. We can expect that the train noise
is reduced considerably by using the spoke wheel and the
damped wheel which can be used in practice from the view-

point of mechanical strength and cost.
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